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ABSTRACT
High volume automated manufacturing lines often run at
efficiencies as low as seventy percent--even for well-understood,
mature products. Despite continuous improvement efforts over the
last two decades that resulted in increased line speed, overall line
efficiency (the actual number of parts produced divided by the
maximum number of parts the line is capable of producing) has
typically remained below eighty percent. It is argued in this thesis
that increasing efficiency provides a greater financial return on
investment than increasing line speed, yield, or flexibility, and
should be the focus of future improvement efforts.
Further studies of efficiency within disposable consumer goods
manufacturing reveal that the key cause of downtime is not machine
reliability, but transfer/transition point jams. Numerous transfer
points between machines, feeders, and tracks can force efficiencies
below sixty percent, even with reliabilities as high as 1 jam per
50,000 parts. Clearly, the most effective means of reducing
transfer/transition points is to grab positively each part once and not
let it go until it completes its route through the entire manufacturing
process.
This thesis describes the development, design and construction
of a prototype transfer line in which parts are positively held and
oriented as they are carried from one manufacturing operation to the
next, greatly reducing the number of transfer/transition points and
potentially raising efficiency dramatically. The prototype can
operate at a rate of 840 parts per minute, and can be easily
upgraded to 2500 parts per minute. This transfer line concept can
theoretically operate efficiently at rates as high as several thousand
parts per minute, but is in fact limited by current part feeding
technologies.
Thesis Advisor: Dr. Andre Sharon
Title: Executive Officer, The Manufacturing Institute
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CHAPTER 1: INTRODUCTION
From 1948 to 1989, the United States gross national product
nearly quadrupled from 1.1 to 4.1 trillion dollars (adjusted to the
1982 dollar). During this same period, United States manufacturing
closely followed, increasing from 239 to 929 billion dollars. In 1992,
according to the United States Bureau of Labor [1], the manufacturing
industry employed 18.2 million people, and several other types of
jobs within the raw materials and service sectors depend on
manufacturing. The International Productivity Journal [2] estimated
the number of these manufacturing-related employees in the 1980s
to be between 40 and 50 million. Thus manufacturing remains the
key to economic growth and employment within the United States.
Two separate commissions on competitiveness [3, 4] however,
rated the United States only third among the Group of Seven (G-7)
nations, behind Japan and Germany. Many people believe
erroneously that the high cost of United States labor contributes most
significantly to this lack of competitiveness. In 1992, the average
hourly manufacturing wage in the United States equaled that of
Japan, and in Germany was actually sixty percent higher [5]. Despite
this, a 1990 study conducted by Andersen Consulting [6] showed that
even though labor costs averaged only ten to fifteen percent of total
direct manufacturing costs, a typical United States manufacturer
spent over seventy-five percent of its time trying to reduce them.
Because of these misdirected efforts, low-cost labor nations have
been used to assemble American products. These nations then build
their own bases of skilled workers, making the United States even
less competitive in the long run.
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America clearly needs to take a different approach to
increasing its manufacturing competitiveness. The Congressional
Joint Committee on Taxation [2] reports that the United States'
investment in capital (as a fraction of the gross national product)
actually decreased in the 1980s from the 1970s. In contrast, the
Manufacturers' Alliance for Productivity and Innovation (MAPI) [2]
found that in the 1980s, Japan and Germany increased capital
spending. These nations invested 15.8 and 8.3 percent of output; the
United States invested only 5.2 percent. From this and other data,
many have concluded that America's competitive stance would be
improved most successfully by well-planned investments in capital.
It was this approach that was taken and applied within this thesis.
To maximize a capital investment's potential, a product class
whose manufacture is capital intensive was chosen. Many capital
intensive products are small and produced in high volume on some
sort of line requiring minimal human involvement. One class of parts
fitting this description is disposable consumer goods, a category that
includes pens and pencils, toothbrushes, flashlights, bottled and
canned goods, razors, and measuring sticks.
Manufacture of these products usually involves a line that
begins with a raw materials forming machine such as an injection
molder or stamping press. Some products may require finishing or
deburing by means of a numerically controlled machining tool or
vibratory deburing machine. Typically, the part would then be
labeled, painted, etc. Since an offset printer is most commonly used
to accomplish this, the part would continue through an oven or dryer.
After this, the part might be cleaned and/or prepared, joined to
15
other manufactured or purchased parts at assembly stations, then
inspected. Testing of the product might also occur. From there, the
finished product is taken to packaging.
This general plant layout can be applied to most disposable
consumer goods. The cost analysis that follows in Chapter 2 assumes
a layout similar to the one above, yet remains general. The chapter
describes and compares the four most commonly employed methods
of increasing productivity when investing in capital: raising yield,
bettering efficiency, boosting line speed, and increasing flexibility.
Chapter 2 establishes (qualitatively) that line efficiency provides the
highest return on investment; in turn, Chapter 3 will break down
inefficiency into its root causes and determine the best way to
reduce it. The result is a machine whose design is described in
Chapter 4. Chapter 5 presents briefly the results of the design, and
Chapter 6 outlines conclusions and recommendations for further
work. It should be noted, however, that as the thesis progresses,
design restrictions will begin to require dimensions and
characteristics for a specific product; therefore to prevent future
complications, the product of choice will be a ball point pen,
illustrated in Figure 1.
16
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Figure 1: Typical disposable consumer good: a ball point pen.
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CHAPTER 2: IMPROVEMENT ALTERNATIVES
The purpose of this chapter is to describe and evaluate the
methods of improvement listed in Chapter 1, and to arrive at the
method that is the most cost effective to implement. From here, a
company can invest its funds in capital that best increases its
productivity. For this analysis, assume that a ball point pen
manufacturing facility wishes to improve its productivity through
some capital investment. Four possible means of improvement to an
existing (or new) manufacturing line deserve consideration:
improving yield, efficiency, speed, and flexibility.
The first of the four means would improve the process's yield--
the percentage of parts that emerge from the manufacturing line
without defects. Typical yield values exceed ninety percent. Yield is
often confused with the second means of improving a manufacturing
process, improving line efficiency, which, in contrast to yield, is the
ratio of the number of parts created within a given time to the
maximum number of parts the line could produce within that time.
An important aspect of line efficiency is the reliability of the
machines and their ability to operate consistently at full capacity. A
manufacturing line's efficiency can range from very low to as high as
ninety-eight or ninety-nine percent. Increasing efficiency can
typically increase line capacity more cost effectively than the third
method: increasing the manufacturing line's speed, which is
frequently the easiest to implement to a mild degree (it may involve
simply turning a knob). However, harmful dynamic effects that may
result from increased line speed decrease reliability, causing
equipment damage that can prove costly and can actually reduce
18
throughput. The fourth and final improvement discussed within this
thesis involves increasing overall line flexibility to accommodate
several types of parts, or to accommodate a frequently changing
product.
These suggestions for improvement translate into a working set
of assumptions for building a cost analysis. Assume the ball point
pen manufacturing line has a yield of 95 percent, an efficiency of 80
percent, produces 250 working parts per minute, and costs roughly
five million dollars. The following plant layout will be used for this
analysis: injection molders form three major components of the ball
point pen, specifically, the body, the cartridge, and the lid. The parts
are collected in bulk from the injection molding machines and are fed
into the line via bowl feeders and feed tracks. The body moves to an
offset printer where the brand name, make, and size are printed
along its side. The printed ink dries onto the body as it travels
through an oven; the pen is blown clean and transferred to an
assembly station, after which the assembly station inserts the
cartridge into a prefabricated tip, then fills it with ink. This
assembly is placed into the body, sealed shut, and tested for proper
ink flow. The station places a lid on the now-assembled pen, where
it is inspected by a vision system and transferred to a packaging
machine.
For both the layout described above and most manufacturing
lines, the production and operating costs could be separated into five
major categories: materials, labor, factory supplies, depreciation, and
other costs. Materials include the costs of all raw materials,
packaging materials, and contracted prefabricated parts. For a high-
19
volume manufacturing operation such as the one given here,
materials often constitute the largest portion of total direct cost,
ranging from roughly seventy to ninety percent. Labor costs, the
second category, make up a significantly smaller portion of direct
costs, ranging from ten to fifteen percent. These include not only the
cumulative hourly wages of all line employees, supervisors, and
engineers, but also overhead expenses and employee benefits. In a
highly automated manufacturing line, the line employees' principal
responsibilities are to keep the line running smoothly and to
maintain and repair the equipment. The cost of spare parts and
other equipment used to maintain these machines--such as
replacement ink cartridges, grease, and bearings--falls under the
third category, factory supplies costs, which typically embody the
smallest portion of direct costs.
Indirect costs accumulate primarily through depreciation, the
fourth category. As machines within the line age, their resale values
drop; each value falls by a percentage defined by federal tax codes.
The resulting depreciation cost is the amount lost after a hypothetical
sale of the equipment. The remaining costs are also primarily
indirect and more difficult to account for, and are therefore lumped
into the fifth and final category, other costs.
To minimize the necessary financial resources, the costs
described above will be loosely compared with one another for four
hypothetical improvements:
(a) Yield has been increased from 95% to 99%.
(b) Efficiency has been increased from 80% to 96%.
(c) Line speed has been doubled to 500 parts per minute.
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(d) Line is flexible enough to accommodate all products.
The demand for the pen (i.e., the annual production rate) is assumed
not to change. In each case, only one means of improvement has
been implemented, while all the other parameters remain constant.
For example, in case (a), although the yield increases from 95 percent
to 99 percent, the line still produces 250 parts per minute at 80
percent efficiency, and remains incapable of accommodating other
products.
Upon implementing improvement (a), the results can be
determined easily. First, it is assumed that all raw materials go
toward creating the product, i.e., scrap, flash, and/or purging
material is negligible. By assuming this, the percentage of material
cost savings due to yield becomes the difference between the new
yield and the old yield, or four percent. The change takes place
within the machinery; additional labor and supplies are not
necessary. It is also assumed that the cost to achieve this
improvement in yield is negligible.
By improving efficiency, option (b), it is assumed the line
operates with fewer periods of downtime due to jams. Savings in
material costs are near zero; downtime rarely damages or sacrifices
significant numbers of parts. Downtime, maintenance, and startups,
however, are the leading reasons (if not the only reasons) for
needing line employees. Past evidence has shown that in many high-
volume plants, over half of the employees' complete job descriptions
involve clearing part jams. Over fifty percent of the employees
would become obsolete if these jams were reduced drastically or
eliminated. This cuts labor costs roughly in half. Unfortunately, high
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efficiency cannot be implemented as cost effectively as high yield.
Startup and maintenance times cannot be reduced without more
robust equipment and/or procedures, and jams cannot be reduced
without implementing new technology. The cost of such
replacements increases depreciation costs slightly. Factory supplies
costs do not change. Although various parts may wear at slower
rates, they will probably still be replaced at regular predetermined
intervals, therefore not affecting costs.
Improvement option (c), which doubles the line speed, is the
most frequently used option. Its ease of implementation--to a mild
degree (such as a ten percent increase)--and apparent benefits seem
to make this option the most attractive, but line speed ends up
costing the most overall. As with efficiency, material costs remain
unchanged--most parts will not be damaged or sacrificed if the
appropriate safeguards and equipment are installed. Since only half
the time is required to produce the line's annual capacity, labor costs
are cut in half. However, since machinery is moving twice as quickly,
the bearings and other parts of the line see higher forces,
temperature increases, and wear rates, all of which increase factory
supplies costs. Such an improvement also requires a complete
redesign of most of the line, since faster speeds usually make
necessary stronger and more dynamically resistant parts. Such a
redesign is estimated to cost four to five times more than the cost of
implementing higher efficiency, significantly increasing depreciation
costs.
It would be unfair to claim that adding flexibility to a line is
not beneficial; adapting a line to accommodate several products has
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advantages that current manufacturing standards have only begun to
measure. However, its high cost to implement and current level of
development make it impractical to introduce into a high-volume
manufacturing facility. Information theory has begun to place
quantitative values on flexibility, but until the field is further
developed, it will continue to appear to be an unwise investment to
those looking solely at the bottom line.
In high volume manufacturing operations, greater flexibility
and higher line speed are mistakenly the most sought after
improvements because of the belief that these alternatives
contribute most significantly to the bottom line. This is untrue.
Flexibility has been shown to decrease the bottom line. Also, it is
assumed that line speed can be doubled while maintaining the
current efficiency, yet with current technology, this is not achievable.
Comparing the alternatives above shows that efficiency provides the
highest return on investment since increased efficiency cuts labor by
roughly the same amount as high line speed without incurring large
capital expenses and factory supplies costs. Cutting larger fractions
of total cost--such as materials--produces savings only from higher
yield. High efficiency surpasses high yield because yield is already
so high in mature high-volume operations that it cannot be increased
enough to render significant savings.
Along with producing the greatest savings, efficiency also
increases the line's capacity. In moving from 80 to 96 percent
efficiency, the line produces 297 parts per minute without increased
line speed or additional costs. This impressive nineteen percent
capacity increase is above and beyond the cost savings described.
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With efficiency established as the best means for increasing
manufacturing productivity, further decisions can be fine tuned.
24
CHAPTER 3: INCREASING EFFICIENCY
A manufacturing line that operates at one hundred percent
efficiency would: 1) not require time to start up or stop, 2) be
maintained as it operated without slowing its capacity, and 3) never
stop due to jams or full buffers. In reality, designing a machine that
eliminates each of these problems would be difficult, if not
impossible. Instead, the approach was taken to break down
efficiency into the components above via line observation, and
determine the leading cause of inefficiency.
Close observations of a high-volume, eighty-percent efficiency
manufacturing line over thirty hours revealed some significant
findings. The machines that performed the manufacturing
operations themselves, such as the printers and assemblers, ran
quite reliably when the part was delivered to the machine at the
proper intervals and in the right orientation. When this was not the
case, however, the machine stopped because of a buffer or jamming
problem, which occurred frequently. Line maintenance required
only a small fraction of total downtime; startup and shutdown times
were even smaller.
It was clear that the transfer mechanisms and buffers were the
most significant contributors to the line's total downtime.
Individually, these mechanisms may be inherently reliable;
however, there are so many points of transfer between buffers, feed
tracks, feeders, orienters, and machines that a probabilistic
combination of these reliabilities would result in a significant amount
of downtime. In the fictitious pen plant, for example, the following
transfer points could occur:
25
Body
* Injection molder to conveyor
* Conveyor to printer buffer
* Printer buffer to printer's bowl feeder
* Bowl feeder to feed track
* Feed track to orienter
* Orienter to printer track (then through the printer)
* Printer track to assembly buffer
* Assembly buffer to assembly's bowl feeder #1
* Bowl feeder #1 to feed track
· Feed track to blower
· Blower to assembly station
· Assembly station to feed track
* Feed track to packaging buffer
· Packaging buffer to packaging's bowl feeder
* Bowl feeder to feed track
* Feed track to packaging
Cartridge
* Injection molder to conveyor
* Conveyor to assembly buffer
* Assembly buffer to assembly's bowl feeder #2
* Bowl feeder #2 to feed track
* Feed track to assembly station (where it joins the body)
Lid
* Injection molder to conveyor
· Conveyor to assembly buffer
* Assembly buffer to assembly's bowl feeder #3
· Bowl feeder #3 to feed track
· Feed track to assembly station (where it joins the body)
Pre-fabricated Tip
· Buffer to assembly's bowl feeder #4
* Bowl feeder #4 to feed track
· Feed track to assembly station (where it joins the body)
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It is assumed that the assembly station fills the cartridge with ink,
assembles all the parts, tests the pen, inserts the lid, and inspects the
completed pen, all without transferring it. If the pens are to be
packaged, an additional seven to fifteen transfer points should be
added, depending on the packaging quantities and inter-part
stacking complexities. The twenty-nine transfer points listed above
represent a conservative estimate; realistically, one can expect a
typical high-volume consumer product manufacturing line to have
between thirty and fifty transfer points.
Even if each line shutdown takes only 90 seconds to correct,
the decrease in efficiency from increased transfer points is
staggering. In a line that produces 250 parts per minute, assume
that a probability p exists that any transfer point on the line will
jam. If there are no jams or machine failures, parts are produced at
a rate of 250/e per minute, where e is the line's efficiency. This rate
corresponds to 0.24e seconds between parts. If a jam does occur, 90
seconds pass before the next part is made. Including these
breakdowns, parts are produced every 0.24 seconds. These facts can
be placed into an expected time equation of the form
90(p) + 0.24e(1 - p) = 0.24. (1)
This equation states the expected time per part when taking the
probability of breakdowns into account. Below is a table stating the
resulting efficiencies, excluding startup times and maintenance, for
various numbers of transfer points, assuming that each transfer
point has a probability of failure of 0.00002 (1 jam per 50,000
parts):
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Table I: Estimates of Line Efficiency vs. # of Transfer Points
# Transfers Jamming Prob. p Efficiency e
5 0.0001 0.963
1 0 0.0002 0.925
20 0.0004 0.850
30 0.0006 0.775
40 0.0008 0.701
50 0.0010 0.626
The calculations above assume that the machines operate at one
hundred percent efficiency. Thus, any effort to improve machine
reliability would still not raise efficiency above these values.
Factoring in machine inefficiencies would decrease the resulting
efficiencies even further. As can be seen, any line that must deal
with several pieces, and therefore several transfer points, suffers a
severe drop in efficiency.
Obviously, the number of transfer points must be decreased to
increase line efficiency. The best (and perhaps the only) way to
reduce the number of transfer points is to maintain positive control
of all parts throughout the line; in other words, grab on to the part
directly after it is formed, and do not let it go until it is placed into
the packaging materials. All manufacturing operations should be
performed on the part while it is held. Not only will this greatly
increase efficiency, but it will also reduce both contamination and
wear by preventing parts from continuously rubbing against feed
tracks, feeders, and other parts. Once a part has been grabbed, the
machines will always know the part's position with respect to the
grips; accurate grip positioning will lead to accurate part positioning.
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A mechanism that maintained positive control of the part
throughout the entire line would virtually eliminate transfer points,
dramatically increasing efficiency. This principle evolved into the
concept described in this thesis, in which an individual part is placed
into a carrier and held throughout the manufacturing process
(Figures 2-4). Each carrier is transported, manipulated, and oriented
in a positive, yet simple fashion, and every manufacturing operation
is performed on the part as the carrier grips it.
Since parts are operated on in various orientations (horizontal
during printing, vertical during assembly, etc.), the transport system
had to be able to orient the carriers, and hence the parts, about their
directions of travel without introducing additional transfer points,
which would merely shift the problem from the parts to the carriers.
The cable/carrier system of Figures 2 through 4 provides all
the benefits and features described above. It employs a series of
carriers attached to one another by way of two cables (Figure 3).
The carriers and cables resemble a rope ladder joined at its ends,
with each "rung" of the ladder, or carrier on the chain, engaging
between the teeth of a pair of modified roller chain sprockets (Figure
2). The sprockets are oriented with their axes of rotation parallel to
the desired part orientation and drive the system similarly to a roller
chain drive. In contrast to roller chain drives, however, this system
can twist and orient the chain, and therefore the part, about its
direction of travel by merely changing the sprocket axes (Figure 4).
The parts are initially fed into the carriers by current means known
to the art, such as the one depicted in Figure 5.
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Figure 2: Closeup view of the cable/carrier mechanism's grips for
a hypothetical axially symmetric part
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Figure 3: View of the cable/carrier mechanism between
sprockets.
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Figure 4: Demonstration of cable/carrier mechanism's ability to
orient parts and carriers by turning the sprockets.
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Figure 5: A possible means of feeding parts into the mechanism.
The assembly line is driven, oriented, and guided by pairs of
sprockets. Figure 6 illustrates how this line concept may be applied
to the pen manufacturing layout described earlier. Beginning near
the upper left corner of Figure 6, the pens and carriers pass under an
offset printer, then into an oven to dry. Following the line, the
carriers then twist ninety degrees about their direction of travel to
engage with the orientation sprockets. They reverse back toward the
oven as they approach the blowout sprockets, then reverse
themselves yet again and head toward the assembly station. At the
assembly station, parts from another line (not shown) are inserted
into the pen bodies and the assembled pens are inspected. Note that
some operations were removed to increase visual clarity (for
example, the testing stage). The pens then orient themselves ninety
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Figure 6:
Oven
degrees by the constraint of the third and final pair of sprockets
shown, and head off to packaging.
Many previous line concepts employed this principle to a
degree, but none presented simple means for offering the part in a
multiplicity of orientations for manufacture, and hence only shifted
the problem from the parts to the carriers. U. S. Patent number
4,533,038 [7] describes a line similar to the one envisioned herein,
but it does not possess the ability to orient its parts (Figure 7). As
shown in a schematic top view of this line, a part is held in a carrier
(3) attached to a transport member (2), typically a roller chain.
Sprockets (4) drive and guide the parts throughout the line, where
manufacturing stations such as 1 and 1' perform various operations
on them. The machine can accommodate only one orientation,
vertical. Operations such as assembly often work best when gravity
aids the process. While this is useful for many simple parts that
require few operations, many parts require more than one
manufacturing operation. In operations such as printing, however,
the part is best presented to the machine horizontally with respect to
this page, perpendicular to the direction of travel. This patent's line
cannot orient the part from one operation to the next.
Other line concepts have attempted to solve this problem
typically by either 1) transferring the part in one orientation to a
feeder, which then transfers it (by way of a feed track) to another
line of a different orientation, or 2) rotating the part about another
axis. The first "remedy" is insufficient, since it decreases the line's
efficiency by adding transfer points. The second technique avoids
introducing new transfer points, but convolutes the orientation
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2Figure 7: Schematic view of a positively displacing (but not
orienting) manufacturing line. U. S. Patent #4,533,038.
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process by employing complex mechanisms and guides to turn the
part about an axis perpendicular to its direction of travel. An
example of this can be found in U. S. Patent number 3,837,474 [8]
(Figure 8), in which the method accomplishes the desired
orientations by running up the machine's part count and using guides
to turn the carriers, thereby increasing the complexity.
Another class of patents also tries (unsuccessfully) to mimic the
cable/carrier concept. U. S. Patent number 4,320,827's [9] conveyor
mechanism, among others, employs pairs of link chains or ball and
socket chains in methods similar to the concept described herein.
Unlike roller chains, these chains are flexible in more than just one
plane. However, both of the chains suffer from significant backlash,
and do not have the strength-to-weight capacities that cables do.
Carriers securely attached to cables, not chains, are both flexible in
all directions and capable of resisting excessive tension and backlash.
A final item that deserves mentioning is Berg's Pow-R-Tow®
chain [10], depicted in Figure 9. This chain uses a single cable to
drive sprockets in the same way as the cable/carrier system with the
important feature of being able to twist and accommodate out of
plane sprocket drives. If a stronger, longer chain were used on the
Pow-R-Tow® with carriers attached to each link, this chain could be
extrapolated out to a manufacturing line similar to the one herein.
Some of this thesis's design ideas were modeled after the Pow-R-
Tow®. However, this chain fails to provide the rotational stability
that the second cable gives to the cable/carrier transport mechanism,
and the space limitations on the Pow-R-Tow chain prohibit the
addition of carriers.
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Figure 8: Top view of a system that rotates its parts about another
axis. U. S. Patent #3,837,474
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Steel Pins Connector Link
Figure 9: Berg's Pow-R-Tow® power transmission belt.
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This section was laid out to describe the advantages of the
cable/carrier system over current systems. However, additional
questions about the proposed concept arose: Where should the
carriers be placed, on the top or the sides? How can the line run
around the sprockets on both sides if the carriers are side mounted?
How unobtrusive should the carriers be concerning the sprocket and
the part? How should the carriers be shaped? Where do the buffers
go? How will the parts enter the carriers?
All of these questions deserved consideration before actual
design could begin. The carriers of Figure 6 are placed on the side of
the shaft connecting the sprockets because the part of interest is long
and axially symmetric. Holding the pen at two ends from the
carrier's top in any orientation would require a long projection from
the carrier's shaft in some direction, creating serious carrier
asymmetry and possible carrier/sprocket engagement problems. To
decrease the asymmetry the most, side holding was chosen; however,
a different part geometry may merit a different method of holding.
It was decided that the carriers and sprockets would be spaced
in such a way to allow the line to wrap around the sprockets on
either side. In doing so, the sprockets required movement apart
axially so that the pen and carriers could fit completely between
them. If a part geometry is exceptionally long or would protrude
radially from the carriers so as to hit the sprocket centers, then the
carriers and sprockets should be designed to accommodate this,
whether by a different holding technique or by resizing them.
Another question that deserved attention regarded the buffers.
As can be seen in Figure 6, buffers within this new line have been
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eliminated. Buffers are useful if the actual machines performing the
operations are the main contributors to downtime. However, in high-
volume operations, where jams and feeding mechanisms are the
main cause of inefficiency, buffers actually further decrease the
efficiency. Buffers act to stockpile parts. If a machine shuts down,
buffers can continue supplying a few minutes worth of parts to the
remaining machines in the line by filling bowl feeders with
additional parts. Buffers, however, do not increase efficiency: adding
them to decouple the machines introduces additional feeders and
tracks into the line, and therefore more transfer points that decrease
efficiency at a faster rate than the buffers increase it. Therefore,
buffers should be removed from the line unless a transfer-free
technique can be devised.
Even if the buffers have been removed, one feeding method is
still required: transfer from the raw materials forming machine into
the cable/carrier line. Figure 5 shows a schematic view of how this
can be accomplished. Each pair of carrier jaws, one stationary and
one mobile, is joined by a spring-loaded hinge. As the carriers rotate
between the sprocket teeth, the carriers' cam followers (located
toward the radial center of the sprocket and attached to the mobile
jaw) approach a cam, which is struck by the followers, opening the
jaws and accepting a part from a part feed track. The feed track can
be supplied by any feeding means known to the art. The cam then
lets up on the follower, closing the spring-loaded jaws and sending
off the part to be processed.
In review, the concept of high efficiency can be best realized
by reducing the transfer points by as many as possible. The best
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way to accomplish this is by establishing part registration early in
the manufacturing process and by not losing it through any part
orientations or operations. To orient a part through all its necessary
positions without letting go, a continuous flexible system must be
instituted. This system cannot suffer from backlash or require
additional transfers when orienting parts. The resulting system is a
series of part carriers attached to a pair of cables. These cables are
driven by a pair of sprockets that engage the line at the carrier's
ends, or caps. The orientation of the sprocket determines the part's
orientation, which may twist along with the cables to obtain
numerous positions. Parts can be fed into this system by several
means, provided they are reliable. The following section will explore
whether this concept of high efficiency is feasible and will present
the design of a system to prove it.
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CHAPTER 4: DESIGN
Within this chapter, the concept described above will be
physically and analytically verified through a mock-up and
calculations. After verifying that various aspects of the project are
feasible, a full scale prototype is designed and constructed.
4.1 Feasibility
This section will present the calculations necessary to estimate
the precision to which the cable/carrier system can position parts
and determines whether this precision is sufficiently high to apply
toward a class of high-volume manufacturing that includes pens.
The following procedure determined the loosest allowable
tolerance that the machine could supply, assuming that the pen's
critical (i.e., tightest) tolerance requirement was in the assembly
operation. It was also assumed that the pen and cartridge measured
approximately 0.3 inches in diameter and were designed to fit within
class 2 interference locational fit (LN2) tolerances. According to LN2
standards, the maximum radial interference smin equals 0.0005
inches. Mating parts are also frequently produced with chamfers to
guide and align the parts into one another. It is often recommended
to size part chamfers at roughly one-eighth the outer diameter.
Parts having a 0.3-inch diameter would therefore be molded with a
chamfer length c equal to 0.0375 inches. For simplicity, the chamfer
angle was assumed to be forty-five degrees.
Figure 10 illustrates the chamfer above and max (in.), the
maximum radial misalignment a part can endure before missed
assemblies may occur. As can be seen,
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(2)tmax = C - Smin.
For the example in this thesis, max = 0.0370 inches.
c--Ir. 
Figure 10: Graphical illustration of maximum allowable tolerance.
If the potential misalignment between axes, T (in.), does exceed
tmax, the machine may still assemble parts. Although not strictly
necessary for this design, this analysis is included because parts
made from other processes may exceed designated tolerances.
Korsakov [11], among others, has provided a formula for the
probability of non-assemblibility PNA of a part B being slipped over
or inserted into another fixed part A. He assumes that the tolerance
distributions of each part are Gaussian and centered about A and 8 B,
as shown in Figure 11. If r does not exceed max, PNA = 0. If r exceeds
Tmax by some amount b (in.),
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11: Tolerance distributions for various amounts of clearance.
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This formula represents the shaded area in part (c) of Figure 11.
Above, A is the standard deviation of the tolerance distribution of
part A. For cases where A > SB, use aB-
The calculations below will illustrate that Equation (3) will be
unnecessary for this particular analysis. It should also be noted that
the dimensional tolerances used in this analysis may not accurately
represent the final dimensions of the designed system because many
assumptions used below were quite conservative.
Calculation of was performed with the use of an error budget.
Error budgets begin at one point and systematically account for
sources of error through a device, propagating the error by statistical
techniques. In this analysis, errors in the radial and tangential
directions of the sprocket were considered. Figure 12 defines the
necessary terminology.
In the radial direction, the analysis began at the center of the
main shaft and propagated through the bearing, into the flange, then
into the sprocket, then the cap, into the carrier shaft and carrier,
then into the part, where the error was transformed into
translational part tolerance. Analysis was necessary on only one half
of the (basically) symmetric apparatus; any error occurring in the
lower half may, at worst, cause the part to orient itself at an angle to
the sprocket's axis of rotation. This angle can easily be calculated
after performing the translational analysis.
46
Sprocket Spacer
Sprocket
Main Shaft
Carrier Shaft
Carrier
Figure 12: Definitions of terms for tolerance analysis.
Two types of translation had to be considered: play from
clearance fits and play from part tolerances. Clearance fits produce a
known amount of play between mating parts. Sizing tolerances
account for the variability within the system. To be conservative,
tolerances that generated maximum play were always used. The
mean radial clearances between all the mating parts are listed below.
Main shaft/bearing clearance = 0.0002 in.
Bearing/flange clearance = 0.0002 in.
Flange/sprocket clearance = 0.0005 in.
Sprocket/cap clearance = 0.0015 in.
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Cap/carrier shaft clearance = 0.0046 in.
Carrier shaft/carrier clearance = 0.0027 in.
A rough estimate of the carrier shaft's and mechanism's dimensions
(Figure 13) was used in conjunction with standard clearances to
arrive at the numbers above. The clearance standards used were, in
order of appearance: Torrington standard [12], Torrington standard,
LC4, modified ACA standard (discussed later), class 2A Unified
thread standard, and LC9. Since the carrier was spring loaded, no
clearance existed between the carrier and the part. The total radial
tolerances between the mating surfaces of the assembly's pieces
were as follows:
Main shaft/bearing tolerance = 0.0003 in.
Bearing/flange tolerance = 0.0004 in.
Flange/sprocket tolerance = 0.001 in.
Sprocket/cap tolerance = 0.001 in.
Cap/carrier shaft tolerance = 0.0049 in.
Carrier shaft/carrier tolerance = 0.0012 in.
Carrier/part tolerance = 0.0005 in.
Note that no Abbe error (the additional error incurred by rotating a
part on a lever arm) existed in the radial direction. The tolerances
were obtained from the same standards listed above. Additional
tolerances assumed that computerized numerically controlled (CNC)
mills held 0.0005 inches and that CNC lathes held 0.001 inches.
The resulting radial tolerance was calculated by combining the
above errors. To attain a statistical combination (or optimistic
estimate, best) of the tolerances, the formula
Tbest = X(systematic errors) + [(random errors)2]1/2 = 0.0150 in.
was used. The worst case was calculated by adding all the errors
according to the formula
48
J GTH = 4.7 5"
Figure 13: Approximate carrier dimensions for tolerance, weight
analyses.
'worst = (systematic errors) + 1(random errors) = 0.0190 in.
In each of the above cases, clearance was considered
systematic (unchanging) error, and tolerances were considered to be
random errors. The expected tolerance value was calculated by
averaging the two values above:
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' = 0.5(Tbest + Tworst) = 0.0170 in.
Although this averaging strategy lacked a statistical basis, it has been
best shown to represent engineering practice [13].
This was a somewhat conservative estimate: hand machined
threads between the carrier shaft and cap could reduce the tolerance
by 0.0070 inches.
Misalignment in the tangential direction was calculated in a
manner similar to the radial analysis, with the following differences:
1) Abbe error had to be accounted for, 2) the error budget began at
the sprocket spacers instead of the main shaft, and 3) the error
budget had to account for error in the keyway connecting the carrier
to the carrier shaft. In accounting for the Abbe error, some of the
tolerances within the system had to be amplified by a lever arm
factor F. Tangential errors due to clearance were:
Sprocket spacer/sprocket clearance = 0.0046F 1 = 0.0048 in.
Sprocket/cap clearance = 0.0015 in.
Cap/carrier shaft clearance = 0.0046 in.
Carrier shaft/keyway clearance = 0.0027 in.
Keyway/carrier clearance = 0.001F 2 = 0.0035 in.
Fl was the ratio of the sprocket's pitch radius to the sprocket spacer
circle radius, and equaled 1.038. F2 equaled 3.5--the center-to-
center hole distance on the carrier divided by the radius of the
carrier's shaft hole. Tolerance errors are listed below:
Sprocket spacer/sprocket tolerance = 0.0059F 1 = 0.0061 in.
Sprocket/cap tolerance = 0.001 in.
Cap/carrier shaft tolerance = 0.0049 in.
Carrier shaft/keyway tolerance = 0.0012 in.
Keyway/carrier tolerance = 0.001F 2 = 0.0035 in.
Carrier/part tolerance = 0.0005 in.
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Using the same techniques as in the radial analysis,
tbest = 0.0258 in.,
tworst = 0.0343 in.,
and
= 0.0300 in.
The radial and tangential tolerance figures can be combined to
give two important results: 1) the total possible misalignment of the
system, and 2) the amount of rotation from the vertical axis these
tolerances can produce. Adding the radial and tangential tolerances
in quadrature gave
= 0.0345 in.
This figure is lower than max calculated previously. Therefore the
proposed system can hold most 0.3-inch diameter parts to their
required tolerances through any operation, provided that the
standards and assumptions above are met or exceeded. The second
interpretation of these results stemmed from the need to know the
offset (in degrees) from true vertical, which was easily calculated
with the results above and with simple trigonometry. By assuming
the part was pushed to full tolerance in one direction at the top, and
to full tolerance limits in the other direction at the bottom, a formula
can be set up to calculate the angular offset (given the part length L).
This formula is
(Angle) = sin-1(2/L).
For an L equal to 6 inches, the resulting angle was 0.66°.
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4.2 Mock-Up
A detailed mock-up was created to ascertain many of the
necessary considerations of the cable/carrier setup. The mock-up
was created to verify the feeding concepts and to gain insight about
the assembly and manufacture of the chain and its supporting
structure.
4.2.1 Description
The mock-up consisted of one set of carriers attached to a
carrier shaft (Figure 14), which was part of an open chain containing
four shafts, three of which had no carriers. The chain was affixed to
two half sprockets, each bearing five teeth. The half sprockets were
attached to a main shaft. Two cams resided between the half
sprockets, one for each carrier's cam follower. The shaft was press
fit into a wooden base and located near a part feeding track. When
the half sprockets were turned, the cam followers struck the cam and
opened the carriers' jaws. Upon impacting the part, the jaws began
to close and push the piece along the feed track. The jaws eventually
snapped shut, finished the path through the feed track, and
continued along their rotary path, holding the part.
Many of the mock-up's parts were designed to: 1) minimize
weight and part count, and 2) create a setup similar in appearance to
traditional manufacturing lines. Minimizing the weight reduces
tensile forces and increases the line's safety. Reducing the part count
not only reduces the part's weight (usually), but also reduces the
part's complexity. This is a simple rule of designing for manufacture
and assembly. If the line appears similar to a line currently in use, a
manufacturer will be less hesitant to switch over. A line having
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Figure 14: Schematic top view of mock-up.
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many of the same dimensions as current plant layouts may reduce
costs by requiring fewer replacement machines; some older machines
could be retrofit with new parts.
The above principles were applied toward the creation of a
lightweight, easy-to-assemble set of carriers. Figure 15 displays the
carriers as conceptualized in Chapter 3. These carriers were to be
originally produced from stainless steel because of its resistance to
corrosion and wear. However, stainless steel is not only heavy, but
difficult to machine. It was then decided that aluminum anodized
with a TeflonTM impregnated ceramic would reduce not only weight,
but also reduce wear and assembling complexity.
Figure 15: Carrier design concept.
To reduce additional weight, many unnecessary areas within
the carrier were eliminated. For example, the jaws were shortened
as demonstrated in Figure 16. Parts (a) and (b) of this figure show
carriers grabbing parts with jaw length corresponding to zero and
one-hundred-eighty-degree gripping angles. The shaded region
beneath each figure shows the amount of area being effectively
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(a): 0 degrees,
0.0% grabbed
(c): 90 degrees,
29.3% grabbed
Figure 16: Demonstration of carrier
(b): 180 degrees,
100% grabbed
(d): 120 degrees,
50.0% grabbed
weight reduction methods.
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restrained by the jaws. In part (c), the jaw lengths correspond to an
effective gripping angle of ninety degrees (forty-five on each side).
At least half of the part's projected area must be in contact with the
jaws to maintain a stable resistance to pullout forces. It can be seen
that the shaded region restrains less than half of the part's projected
area. To assure this and to minimize weight, the carrier in part (d)
was chosen. Note that additional areas were also removed if they
provided little or no carrier strength.
Figure 17 shows the disassembled carrier halves. Each half had
a small (0.0625-inch) stainless steel dowel pin pressed into the
reamed holes on their top surfaces. A rubber band made from slices
of surgical tubing and placed on the pins pulled the carrier halves
closed. The stationary carrier half (top of Figure 17) was affixed to
an aluminum tube by another stainless steel dowel pin. The moving
carrier half mated with the stationary half, and the two parts were
closed together by press fitting an aluminum cap over the shaft, both
of which were hand turned on a lathe.
Each carrier shaft was drilled radially in two places. A pair of
solid 0.0625-inch diameter polyethylene rods flexible enough to act
as cables were threaded through the shafts. The shafts were secured
to the cable by crimping modified wire end attachments on either
end of the shaft. The appropriate pitch under tension was achieved
by crimping the wire ends while the carrier assemblies were fitted
between the sprocket teeth and the cable was under tension. Two
turnbuckles attached to the cables' ends provided the tension.
As mentioned previously, only half sprockets were used both
to save material and to permit easier access to the mock-up's inner
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Figure 17: Disassembled carrier halves.
workings. The sprockets were created simultaneously from two
0.25-inch polyvinyl chloride (PVC) sheets fastened together. The
sprocket was drawn using AutoCAD® and printed full scale, then
taped to the PVC sheets. The outline was roughly cut with a
bandsaw, then belt sanded to closer tolerances. The area between
the teeth was cleared using a 0.75-inch dowel sander. TeflonTM
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spacers and bearings on either side of both sprockets permitted the
sprockets to rotate freely about an aluminum shaft placed through
their center. A cap screw secured the entire assembly to the shaft.
To assure that the sprockets both rotated in synchronization and
remained a fixed distance apart, three sprocket spacing rods were
machined and press fit into holes in each sprocket. These rods had
precisely spaced shoulders upon which the sprockets rested. Not
only did the rods have to clear both the cams and the cables, but also
they could not interfere with the carrier as it opened.
The cams were constructed in much the same way as the
sprockets. First, the cam was drawn on AutoCAD®. The carrier
opened over a seventy-five degree span, and closed over thirty
degrees. This was done to compare the effects of engagement
lengths. A spline curve interpolated through the initial carrier
position, the final desired position, and three desired positions in
between for both the approach and the departure to generate the
cam shape. In addition, 0.5-inch radius fillets smoothed both
corners. The cams were machined together from two sheets of 0.75-
inch plywood, roughly outlined on the bandsaw, then belt sanded to
their final shape. Two flanges bolted into the cams and secured
themselves to the main shaft by four set screws. Aluminum spacers
and steel washers separated the sprockets, cams, and flanges by the
appropriate distances.
This entire assembly mounted into a wooden base that also
housed the part's feed track. The track looked very similar to the
one in Figure 5, except that it was made from PlexiglasTM and bolted
to an angle mounted to the base.
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4.2.2 Recommendations
The mock-up successfully proved that parts could be fed into a
cable/carrier system at relatively high speeds. In addition, it
assisted in formulating a series of recommendations that would
further improve the design. Many of these recommendations are
addressed in more detail in later sections. However, some design
changes can be easily intuited, and are categorized by part below.
Carriers. As suggested by their level of detail, these devices
require the greatest attention. For example, moving the springs to
the carriers' undersides (the sides opposite the caps) would eliminate
the need to design the feed track and caps so as to not interfere with
the springs. However, further clearance analyses should be
performed. Another variable to be considered further is the distance
between the cap and the jaws' centers. As will be discussed later,
keeping the part close to the center increases its probability of a
successful feed. On the other hand, sufficient space for both a rigid
feed track and for axial part asymmetries is also required. Next, the
stationary carrier half should be designed a few thousandths of an
inch higher than the mobile carrier half to allow for the cap to
contact a surface directly, axially locating both carriers and caps;
also, the mobile half can rotate without significant interference from
the cap. Additionally, increasing the length of the carriers' cam
followers will allow for a shorter cam and give more space to the
sprocket spacers. Yet another improvement can be seen by adding a
key to the stationary carrier half to prevent rotation without using a
dowel pin.
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Carrier Shafts. Clearly a simple tube no longer suffices for a
carrier shaft. First, the dowel pin can be replaced by a shaft
shoulder and keyway, both of which locate the part axially and
prevent rotation, along with reducing the part count and facilitating
assembly. If the shoulders are machined into the shaft accurately
with appropriate fillets on the mating parts, axial accuracy will also
increase. Second, threading each end and screwing on the caps will
be easier to assemble.
Caps. Along with tapping the caps' centers, the cap should be
reshaped to 1) reduce friction on the moving carrier half while
continuing to hold it in place, and 2) center the carrier shaft between
the sprockets despite conditions that attempt to misalign it. Further
analysis is required.
Cams. A smaller cam radius would allow the sprocket spacers
more positioning room to clear the cables, carriers, and cams. Also,
the cam opening and closing pattern should be rethought to make the
transitions smoother.
Sprockets. Flanges and roller bearings installed on the
sprockets would provide less rotation resistance. The sprocket
should also be thicker or made from a different material to stiffen it.
Cable. The cable's design requires rethinking to increase
flexibility, modulus, yield strength, and creep resistance.
After the mock-up, more detailed design calculations went into
creating the prototype.
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4.3 Calculations
Several factors had to be accounted for before design began.
Techniques for minimizing part impact when feeding are addressed
in the first subsection. Subsection 4.3.2 calculates the magnitude and
direction ranges of the cable's tension. Subsection 4.3.3 addresses
how this tension heavily influences the system's dynamic response to
forced vibrations. Subsection 4.3.4 examines how the same
phenomenon that forces the system to vibrate also increases impact
energy. Fatigue is addressed in subsection 4.3.5. High speed galling
is mentioned briefly in subsection 4.3.6. Lastly, subsection 4.3.7
summarizes the major conclusions from each of the previous
subsections.
4.3.1 Feeding
Simulation of feeding the parts into the transfer mechanism
was difficult to determine analytically since several pieces and their
interactions had to be accounted for, including the sprocket, the cam,
the carrier, the part, and the part guide. Most of the concept's proof
was best handled by the detailed mock-up; however, some simple
calculations produced additional limitations and recommendations.
The main concern in part feeding was the part's reaction when
speeds began to increase and impact forces tended to propel the
parts out of control. A simple, conservative constraint was placed on
the maximum feed rate. This was done by modeling the pen and
carrier as a round surface and a wall, respectively, impacting. The
carriers, propelled by the motor driven sprockets, impact the pens at
a linear velocity dpco/2 (dp is the pitch diameter, in., and o is the
angular velocity, rad/s). The pens were considered to be initially
61
horizontal, resting on stops, and were struck vertically. Since the
carrier was driven by a motor, it was modeled as an infinite mass, or
wall. In the case of a perfectly elastic collision, a reference frame on
this moving "wall" would see a pen moving toward it at a velocity
dpco/2, colliding, then moving away from it at the same velocity.
Reverting to a stationary reference frame, the final pen velocity
would be dpco.
The collision, however, is not perfectly elastic, and is most
easily modeled using a coefficient of restitution e, defined as
e= (V 2f)n - (Vf )n (4)
(Vli )n - (V2i)n
In the equation above, v represents velocities, the subscripts i and f
represent the initial (before collision) and final (after collision) states,
respectively, the subscript n signifies the normal component (the line
drawn between two impacting sphere centers) of the impact, and the
numbers identify the two impacting bodies. This coefficient varies
with the relative impact velocity, yet typically tapers off to a
minimum at high velocities. For aluminum impacting aluminum, e =
0.6; for plastics on plastics, e = 0.7. When two bodies of differing
materials collide, a new coefficient of restitution arose, defined by
the formula
elE 2 + e2E(e eE 2+e2E= (5)
El + E2
E is the elastic modulus of the colliding materials (EA1 = 10.3 Msi,
Eplastic = 3.77 Msi). For an aluminum carrier hitting a plastic pen, e =
0.67. The coefficient of restitution, when applied to the collision,
reduces the final impact velocity to 0.84dpo.
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If the pen is struck vertically and no track exists to slow its
progress, it will rise a certain height h before gravity reverses its
direction. Conservation of energy equations combined with the final
impact velocity reveal h to be
h = 0.35(dpo) 2 / g, (6)
where g is the acceleration of gravity (in./s 2). For a pitch diameter of
eighteen inches, similar to the mock-up, the following table emerges:
Table II: Resulting Unconstrained Pen Travel vs. rpm
rpm o (rad/s) h (in.)
1 0 1.05 0.321
25 2.62 2.01
50 5.24 8.02
100 10.5 32.1
200 20.9 128.
500 52.4 802.
Clearly, any appreciable sprocket velocity requires some means of
restraining the pen after impact.
Directly after impact, the part wishes to travel tangentially
from the sprocket. A track placed along the circular path followed
by the carrier would constrain the part to trace the same path as the
carrier because the part would hit the outer edge of the track,
rebound, then continue toward the inner edge. This cycle repeats
itself until a) the part leaves the track, or b) the part slows enough to
be grabbed.
The reliability of feeding depended on several factors: the
sprocket speed and diameter, the radius of the track's (and the
carrier's) path, the track to part clearance, and the track's material,
among others. At high velocities, it was desirable to slow the part's
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speed to the point where the carrier half's spring could close on it.
(A strong spring would obviously increase reliability.) In addition, it
was desirable to create a track that maximized the number of
impacts and slowed the part substantially with each impact, which
would be achieved by minimizing the carrier path's radius and
reducing track to part clearance--these changes would force the part
to impact the track's sides more frequently. In typical high-volume
manufacturing lines, feed tracks are either made from a non-rigid
material or spring loaded so that part jams from track friction do not
occur. Also, track materials with low coefficients of restitution, such
as brass, cast iron, lead, or plastic should be used to decrease the
part's final velocities.
4.3.2 Tension
ACA sprocket design standards, discussed later, allow for
proper cap engagement into the sprocket with chain pitch
misalignments as high as eight percent. Chain standards, however,
can only be applied to misalignments in the sprocket's tangential
direction. As discussed before, roller chains travel in only one plane,
the plane of rotation; in the system discussed herein, the cables
allowed movement out of the plane of rotation. By adding this
convenience, additional cap engagement problems inevitably arose.
Figure 4 presented earlier showed a plan view of the cable/carrier
system with sprockets whose axes of rotation are perpendicular. As
can be seen, the chain travels in a direction skewed from the
sprocket's plane of rotation, and as a result, axial forces, axial
displacements, and higher radial forces affect the engaged cap as it
enters and leaves the sprocket. As the distance between sprockets
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decreases, the cables have to travel more and more out of plane to
engage properly with the sprocket teeth.
The design of the cap, and perhaps the entire carrier
mechanism, depended on the magnitude and direction of the cables'
tensile force as they engaged and disengaged the sprocket. An
estimate of the tension was calculated by beginning with a roller
chain of the approximate dimensions of the cable/carrier mechanism.
The chain's weight per unit length w (Ibm/in.), recommended
sprocket span S (in.), and recommended tension were used to obtain
rough sag-to-span ratios for chains. This ratio, along with the same
span and new w, provided enough information to back out a
recommended tension for the cable/carrier system. Then, using
approximate sprocket and carrier geometries and a conservative
(small) sprocket span, the tension's direction was calculated for later
use.
Magnitude. The recommended tension T (lbf) for a roller chain
follows the formula
T = 125P2, (7)
where P is the chain pitch (in.). Recommended optimal sprocket
spans range from thirty to fifty pitches. Spans below thirty pitches
overexpose the chain's rollers to sprocket tooth forces; and spans
exceeding fifty pitches develop chain whip, poor sag to span ratios,
and other dynamically malevolent properties. To minimize sag to
span, a span of thirty pitches was chosen.
Literature covering catenary curve shapes [14] states that the
sag y (in.) divided by 0.5S, half the span, can be plugged into the
formula
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2y/S = (cosh z - 1) / z (8)
to create a useful dimensionless variable z. Z is useful because it can
be converted to and from the dimensionless variable wS/2T (where
w is the chain's weight per unit length, Ibm/in.) via the equation
wS/2T = z / cosh z. (9)
Equations (7) through (9) can be used in conjunction with a
chain whose weight per unit length is similar to that of the
cable/carrier chain to arrive at a recommended tension. W for the
system was calculated from dimensional assumptions in Figure 13.
Also, each carrier was assumed to be connected by two 0.125-inch
diameter 7 x 7 steel aircraft cables, each weighing 0.00221 pounds
per inch. Below are the remaining weights:
Cap weight = 0.135 lbm
Shaft weight = 0.0768 lbm
Carrier weight = 0.0472 lbm
Collar weight = 0.0192 lbm
The total weight per unit length (calculated assuming a two-inch
pitch) equaled the sum of the cap weight, the carrier weight, the
cable weight, and half the shaft and collar weights. The assumed
system weighed 0.232 pounds per inch, which roughly equaled that
of a roller chain with a 1.25-inch pitch.
A 1.25-inch pitch roller chain has a recommended tension of
195 pounds and a weight per unit length equal to 0.209 pounds per
inch. For a span of sixty inches (derived from thirty pitches of a
two-inch pitch cable chain), wS/2T = 0.0321. Inserting this number
into Equations (8) and (9) gave z = 0.0321 and 2y/S = 0.0160. The
tolerable sag to span ratio, y/S, equaled 0.00803.
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Using the y/S above and w for the cable/carrier chain (and
sparing the additional calculations), the recommended tension for the
cable/carrier system became 217 pounds, i.e.,
T = 217 pounds. (10)
Direction. The direction of the tension was crucial in
determining the components in the axial and radial directions.
Figure 18 shows each of the three components of the tension acting
in the directions assumed to be positive. Figure 19 zooms in on this
force vector and defines the angles used in locating the tension's
direction. Any two angles listed, combined with the magnitude, can
define the remaining two angles by the relations
tan 03 = tan 02sec 01 ( 1 1 )
and
tan 04 = tan 01cos 03. (12)
As demonstrated below, all four angles had significant reasons for
being calculated.
Figure 4 is repeated again in Figures 20 and 21 with labels.
Figures 22 and 23 break the polygon of interest out of each view and
show the labels more clearly. Here, dp is the pitch diameter (in.), S is
the sprocket span (in.), and a is the separation between sprockets
(in.). Additionally, two dummy variables u and v were included to
facilitate calculations. It should be noted that all the Figures 20
through 23 are projections of the system onto the plane of the paper.
This explains the need for using the angles 01 and 03 instead of 02
and 04. Beginning with the polygon of Figure 22, the equations
tan 01 = 2u/a, (13)
sin 01 = 2u / [(1 - v)dpJ, (14)
67
FT
FA
FR
Figure 18: Definitions of the positive radial, tangential, and axial net
forces imposed on the carrier by cable tension.
and
2(S - u)sin 01 = vdp (15)
were derived. Combining these equations eliminated u and v to
produce
cos 01 - (2S/dp)tan 01 + tan 0 1sin 01 - a/dp = 0, (16)
68
N I
N I
Figure 19: Definitions of 01 through 4, used in various analyses.
from which root finding techniques produced 01. This same
technique yielded 3 of Figure 19. However, the side view of the
system failed to account for any sag within the cable, so 3 had to be
corrected.
Within the vertical plane of the cable, it was assumed that the
cable's endpoints were of equal height, that an origin existed at the
lowest (middle) point of the cable, and that y and x were defined as
in Figure 24, within the plane of the cable. The equation describing
the cable's shape was
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Figure 20: Side view of perpendicularly oriented sprockets.
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Figure 21: Top view of perpendicularly oriented sprockets.
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S-v
Figure 22: Isolated polygon from Figure 20, used to calculate 0 1.
S-v
Figure 23: Isolated polygon from Figure 21, used to calculate 02o.
y = (x/z)cosh z, (17)
where z maintained its previous definition. P was defined as the
angle from the horizontal to the cable, represented by
[P = tan-(Ay/Ax)]x = S/2- (18)
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Figure 24: Definitions of x, y, for determining cable sag.
The approximate derivative is shown since numerical methods were
used to calculate this angle.
Since [5 was defined within the plane of the cable, geometry
showed that
02 = 02o + P, (19)
where 02o was calculated from 01 and 03 assuming no cable sag, and
using Equation (11). Note that the true 03 had to be recalculated
after 02 had been derived.
With each of the four angles of Figure 19 then available, the
tension was broken into its radial (FR), tangential (FT), and axial (FA)
components. Force balances derived from Figure 25 yielded the
components:
FR = T[cos 04sin 03 + sin (180/N)] (20)
FT = T[cos 03cos 04 - cos (180/N)] (21)
FA = Tsin 04. (22)
N was the number of sprocket teeth. These numbers became very
useful, especially when designing the caps.
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Figure 25: Projections of the tension forces onto the cap.
4.3.3 Dynamics
Past analyses [15] of rotating chain paths have concluded that a
chain link can travel two different ways: at a low speed periodic rate
or at a high speed straight rate (Figure 26). The low speed rate is
more prone to periodic motion, resulting in resonance and possible
chain jumping; therefore it is necessary to establish whether the
system must occasionally operate in the low speed regime. The term
differentiating low speeds from high speeds is the highest natural
frequency the chain can obtain; for this reason an analysis of the
chain's natural frequency is required.
Binder and Mize [16] derive a set of relations that approximate
the natural frequencies for a simplified roller chain. As it turns out,
the simplifying assumptions better approximate the cable/carrier
chain than a roller chain. The chain is replaced with a massless cable
in tension between two parallel sprockets; n masses located P feet
apart lie along the cable's length. The number n does not include the
carriers within the sprockets. The cable tension T (lbf) is assumed
constant throughout the chain. Vibrations within the cable are not
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T
(a) Low speed carrier path.
(b) High speed carrier path
Figure 26: Low and high speed carrier paths between sprockets.
damped and occur only within the plane parallel to the plane of the
sprockets. Sparing the derivations, the natural frequency of
vibration f is:
fs =- T sin s (23)
i Pmc 2(n + 1)'
where mc is the mass of each carrier assembly and its neighboring
cable in slugs. Here, s is any integer from 1 to n, representing the
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first (fundamental), second, etc., natural frequencies of the cable. Of
course, in a real system, there are an infinite number of harmonics,
but to a close approximation only n harmonics are of importance.
The highest natural frequency, f, occurs when s = n, and equals:
fn =- sin n -1 T(24)
=i 'Pm-- 2(n +) i Pm '
The final term in the equation can be used when n is large.
Even if conditions existed to minimize this frequency, such as
low tension (200 pounds) and a high pitch (6 inches), the highest
natural frequency occurs at roughly 53 Hz. A thirty-toothed
sprocket that forces vibrations at every tooth must exceed 110 rpm
to damp out this frequency. With carriers between every tooth, a
sprocket spinning at 110 rpm would pick up approximately 3200
parts per minute; ten-toothed sprockets would have to spin at 320
rpm, again corresponding to approximately 3200 parts per minute.
Since it is likely that the system will operate below this frequency,
the low speed chain path described above should be conservatively
assumed for any possible system configuration.
The low speed path a carrier would follow is depicted in
Figures 26 and 27. In the second of the two figures, the shaded
carrier at the center, point A, is attached to the other shaded carriers.
The sprocket is assumed to be turning from right to left. As it turns,
the line connecting the carrier at point A to the one at point B
remains horizontal, and drops with the carriers until point C is
reached. From here, the rightmost carrier engages with the sprocket
and rotates to point A, where the cycle repeats itself. This periodic
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carrier motion is known as chordal action. Its amplitude Ac is
defined by the equation
P[1- cos(180 / N)]
2sin(180 / N)
and its frequency equals (Nn/60) Hz, where all the variables above
hold their previous definitions. Chordal action not only induces a
forced vibration on the chain, but is also responsible for excessive
sprocket noise during operation. Consideration of these effects is
addressed in subsection 4.3.7.
Figure 27: Graphical explanation of the carrier's path.
4.3.4 Impact
The noise produced by a rotating sprocket is caused mainly by
the sprocket's chordal action creating successive impacts between the
carrier caps and sprocket. Besides noise, these impacts damage the
caps and sprocket, adversely affecting how smoothly the sprocket
can effectively engage, which may also lead to other undesirable
conditions such as breakage, heating, and wear.
Analytical work on the study of impact between chains and
sprockets has been presented by Binder and Covert [17], who state
that correlation between impact and chain life is only empirical so
far, but the damaging aspects of impact appear to be related to the
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impact's kinetic energy. If this is the case, it becomes necessary to
determine the relative velocity and effective mass of impact.
Figure 28 shows the roller positions used in calculating two
possible relative velocities. This relative velocity occurs between the
carrier cap's center and the point of impact on the sprocket. In the
first analysis, this point is assumed to be the point on the sprocket's
pitch circle that is coincident with the cap center after impact. The
second analysis' point of impact lies at the base of the sprocket seat,
along the radial line connecting the cap center and the sprocket
center after impact. In the instant before cap A hits the sprocket, its
velocity vector V's magnitude equals that of cap B, specifically,
V = ndpn (26)
in the direction shown. On the sprocket, the (first) point mentioned
above has a velocity magnitude V' equal to the same as V, but in the
upward direction shown. Adding these two vectors would produce a
rough estimate of the relative impact velocity VI,1. It is equal to
VI,1 = 2Vsin (a/2) = 2dpnsin (180/N). (27)
Combining this equation with Equation (35), discussed later, gives
VI,1 = 2nnP, (28)
independent of the pitch diameter.
Figure 29 shows the velocity vectors represented when impact
occurs at point x, the second assumed point. The relative velocity of
the carrier center remains the same, but now the velocity of point x
equals
Vx = :(dp - dR)n, (29)
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Figure 28: Cap positions for relative impact velocity calculations.
where dR is the sprocket's seating curve diameter, roughly equal to
the carrier cap diameter. Sparing the geometry, the relative impact
velocity VI,2 becomes
V 2 = n/d + 4(d- ddR)sin2 180 (30)
N
For purposes of simplicity, however, Equation (28) will be used for
the relative impact velocity.
As stated earlier, damage due to impact is suspected to be
related to the kinetic energy of impact. As a first approximation, the
effective mass can be assumed to be some fraction of the mass of one
carrier assembly, mc. Using this assumption, the impact energy KE is
proportional to
KE, oc mcn 2P 2 . (31)
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Figure 29: Velocity vectors for determining another definition of
relative impact velocity.
Impact energy currently cannot be directly translated to limiting
equations, however, and can only be used as a guideline for design.
For more specific results, it is still necessary to rely on empirical
formulas. Faulkner and Menkes [18] relate a roller chain's
horsepower rating (hp, limited by impact at high speeds), to speed,
pitch, and number of sprocket teeth by the following equation:
hp o (N)1. 5 (P)0. 8 (n)-1.5 (32)
By studying Equations (25), (31), and (32), the means for
minimizing chordal action and its resulting impact can be
determined. The equation describing the chordal amplitude suggests
that designing a sprocket with a large number of teeth and a small
pitch would prevent excessive forced vibrations. The second and
third equations, describing various properties of impact, recommend
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slow operating speeds and a large number of teeth. They conflict
regarding an appropriate pitch; in this case, the analytical result
would earn precedence since the empirical equation was derived
specifically for roller chains.
4.3.5 Fatigue
A reliable cable/carrier transport mechanism would require
replacement at very lengthy intervals, so choosing a pitch that
extends the chain's fatigue life is essential. As a chain's pitch
increases, the mass per unit length of chain decreases, allowing for
lower tension; however, the tension within the chain is distributed
over fewer carriers within the sprocket for higher pitches. The
question arises: which of these contradicting forces prevails?
The answer can be found by observing the qualitative trends of
the design equations against fatigue in roller chains. A chain's
maximum horsepower rating (hp), which is limited by fatigue at low
speeds, is proportional to the following empirically derived equation
[18]:
hp oc (N 1 .0 8)(nO. 9)(P 3.0-o .0 7P). (3 3)
For P = 2 inches, the exponent of the third term equals 2.86; for P = 6
inches, it equals 2.58. This equation shows that a high pitch
increases a chain's fatigue resistance the most between the variables
pitch, number of teeth, and sprocket speed. It is believed that higher
sprocket speeds slightly reduce roller fatigue because centrifugal
effects reduce the contact stresses.
4.3.6 Galling
Chain failure due to galling is rare and only occurs at very high
speeds. In fact, researchers state that a chain can operate (albeit
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with a reduced life) at speeds above their maximum recommended
value against galling. Consideration of galling was included the
design, however, to assure that all factors had been taken into
account and to form additional recommendations for the design.
Faulkner and Menkes [18] report that the maximum recommended
speed that avoids galling emerges from the equation
n )1.59logP+1.873 - 82.5
1000 (7.9 5 )P (1. 0 2 78 )N (1.323 )T/1000 
This implies that very small pitches and somewhat small tensions
and numbers of teeth prevent galling most effectively.
4.3.7 Summary
The subsections above laid out a number of prerequisites and
recommendations for the prototype's design that included:
· Impact between the carriers and part during feeding is significant,
and may cause the part to be ejected from the feed track. This
effect can be reduced by dropping the sprocket diameter,
providing the carriers with tight springs, and minimizing
clearance in the feed tracks.
* Tension within the cable should be in the order of 220 pounds.
Closely spaced sprockets oriented ninety degrees with respect to
each other will introduce significant tensile components into the
system. These components may tend to pull the carrier out of the
sprockets. Sprockets that force a twist in the chain should have a
center distance no less than 60 inches.
* High numbers of teeth on sprockets are beneficial in overcoming
the system's highest natural frequency. This is because the
amount of teeth the sprocket possesses increases the chordal
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frequency at a faster rate than the decreased pitch resulting from
additional teeth raises the natural frequency.
* Small pitches and large numbers of teeth decrease the amplitude
of forcing vibrations caused by chordal action.
· Studies of impact show that low speeds, lightweight carriers,
numerous sprocket teeth, and small pitches reduce noise and
damage caused by impacts between the carriers and sprockets.
* Empirical correlations between fatigue and roller chain
parameters show that small pitches, large numbers of teeth, and
high speeds reduce fatigue.
· Galling can be prevented best with a small pitch, low operating
speeds, light tensions, and fewer sprocket teeth.
4.4 Prototype
Many suggestions for improvement and design ideas from the
creation of the mock-up carried over to the prototype design.
However, detailed analyses of each part were necessary to promote
optimal performance and prevent against operational failure. The
first subsection begins the process by selecting the design parameter
that alters the system's response the most--the chain's and
sprocket's pitch, or carrier separation. After choosing the
appropriate pitch, the remaining parts were easier to design. The
remaining subsections outline the part-by-part analyses performed.
4.4.1 Pitch Selection
The pitch of the chain and sprocket are perhaps the most
important variables to determine. Selecting an appropriate pitch will
not only provide clearance between the carriers and allow for
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sufficient clearance for manufacturing machinery, but will also
influence the dynamic and long-term performance of the system.
The chain's pitch plays a vital role in determining wearing forces,
misalignments due to tension, and fatigue life, each of which are the
factors that influenced the pitch and had to be accounted for. Some
of these were determined above. The remainder are studied below.
Study of Industry. Observations of various manufacturing lines
already functioning provide important starting points for machine
dimensions and clearances. For example, besides esthetics, an
assembly machine with a large pitch may be necessary to
accommodate the automated assembly equipment inside it. Two
types of sprockets, or dials, appear prominent in high-volume
assembly plants: preparation dials and operation dials. Preparation
dials usually hold a part during cleaning or inspection, whereas
operation dials perform an action on the part, such as assembly, and
usually contain internal machinery. Preparation dials are typically
twelve inches in diameter and have from five to eight teeth;
operation dials often measure closer to thirty-six inches across and
work on fifteen to twenty parts at a time. The formula common to
chain and sprocket design literature [14]
dp = Pcsc (180/N) (35)
was used to calculate the pitch. (All the variables above maintain
their same definitions as before.) Plugging the numbers above into
this formula yielded pitches of approximately 6.25 and 7.00 inches
for operational and preparational dials. It seemed then that a
somewhat large pitch was necessary to house the necessary
manufacturing equipment and to allow for easier, more reliable
84
inspection. Also, jams within the dials may be easier to clear if other
nearby parts did not impede access.
Clearance. To facilitate obtaining accurate results for
clearances, the carriers were drawn and moved about with
AutoCAD®. This eliminated the need for crippling geometric
equations and simple assumptions that reduced accuracy. Figures 30
through 33 show the carrier designs spaced along their hypothetical
pitch diameters. These carriers were the final versions developed;
the process of choosing the pitch and altering the carriers was
iterative. The iterations were spared from this document. The
pitches were 1.25, 1.5, 2, and 2.5 inches. Each was selected to match
ACA standard chains [18]. The sprocket diameter in these figures
was chosen to be approximately eighteen inches to accommodate
manufacturing machinery while not excessively increasing rotational
inertia. Each carrier was opened to its maximum position, in other
words, so that the moving jaw rotated clear of the part upon pickup.
Figure 30 shows that extremely small pitches (1.25 inches and
smaller) could not accommodate carriers on every section, only caps
and shafts. The figures are conservative, however, because in
practice the jaws to either side of the center jaw would not be
opened to their full maxima. In Figure 31, the carriers on every
shaft lie on a 1.5-inch pitch chain and are separated from each other
by at least 0.02 inches. Although this chain would suffice, an even
safer pitch, such as the 2- and 2.5-inch pitched carriers shown in
Figures 32 and 33 would allow for additional clearance between the
carriers. In summary, clearance between moving parts of the
carriers determines the minimum pitch the chain can have.
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Depending on how conservative the designer is and the shape of the
carriers, a value from 1.5 to 2.5 inches can be adopted.
0.044
Figure 30: Graphical clearance analysis for a 1.25 inch pitch chain.
0.020'
Figure 31: Graphical clearance analysis for a 1.50 inch pitch chain.
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Figure 32: Graphical clearance analysis for a 2.00 inch pitch chain.
Figure 33: Graphical clearance analysis for a 2.50 inch pitch chain.
Centrifugal Effects and Resistance to Twist. Another factor that
required attention in choosing the pitch was the carrier shaft's
resistance to twisting from spring forces. A twisting carrier would
nullify the tolerance analysis performed earlier by introducing large
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amounts of Abbe error. Furthermore, the resistance decreased even
more when the system rotated at high speeds. As will be discussed,
this was attributed to centrifugal effects.
Figure 34 shows a free body diagram of the stationary portion
of a carrier engaged in a sprocket that is rotating with an angular
velocity eo; the cam is assumed to be forcing the carrier to its fully
opened position. This action creates a moment about the stationary
portion of the carrier equal to the spring force Fs times its
perpendicular distance from the shaft center, approximately 0.66
inches. A moment created by the friction force f between the cap
and sprocket counteracts the former. If, however, f is not large
enough to cancel the spring moment, the carrier will rotate. The
resulting misalignment could decrease the system's precision, and
possibly damage both the parts and the system. The maximum
frictive moment must therefore always surpass the spring moment
to remain reliable.
Though few pitch decisions were confirmed, it was clear that a
somewhat large sprocket was necessary to accommodate the
necessary equipment that arises in the manufacturing environment.
To balance out this need with a demand for minimal sprocket inertia,
a tentative dp was (again) chosen to be eighteen inches. For a fixed
diameter, the pitch P varies with N, the number of teeth, by Equation
(35). The maximum frictive moment the cap can endure was
calculated by summing the forces in the vertical direction to produce
the cap's normal force, Nc:
Nc = 2T sin (180/N) - Fc, (36)
88
Tf
Figure 34: Free body diagram of the stationary carrier half.
where Fc is the centrifugal force. Multiplying the normal force by
the friction coefficient !x between the cap and the sprocket, and the
tentative cap diameter dR gives
Mf = dR.T sin (180/N), (37)
where Mf is the maximum moment due to friction, neglecting
centrifugal effects. The cap diameter was increased with the pitch in
keeping with ACA standards. Expanding the cap's outside diameter
changed neither the relative velocity of sprocket impact nor the
probability of successful sprocket to cap engagement. It did,
however, reduce contact stress and increase the carrier's resistance
to rotation caused by the spring.
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To determine the spring moment, the spring was assumed to be
linear and at its rest length when the jaws were closed without a
part. According to recommendations of manufacturing engineers, the
spring applied two to three pounds (2.5 was used) of gripping force
to the part when it rested within the carrier's jaws. When the jaws
were opened eighty-six degrees from rest (their maximum), the
spring was displaced 0.67 inches from its rest length. A sixteen-
degree, 0.16-inch displacement was assumed to occur when the part
was within the jaws. The distance separating the cap center and
jaws was assumed constant for conservatism; 0.875 inches separated
the part's and the cap's centers.
The spring needed to pull with 3.3 pounds to apply 2.5 pounds
of gripping force, which corresponded to a spring constant of 21
pounds per inch. When fully opened, the spring force equaled 14
pounds, and the applied moment was 9.2 pound inches. Given that T
= 217 pounds and ji was roughly 0.5 (conservatively low for
aluminum), Table III shows the resulting variables for different
pitches:
Table III: Sprocket and Moment Information
P (in.) - (in.) N 4 (in.) f (lbf) Mh (lbf-in.)
1.25 0.750 44 17.52 15 5.8
1.5 0.875 3 6 17.21 1 9 8.3
2 1.125 28 17.86 24 1 4
2.5 1.562 22 17.57 3 1 24
3 1.875 1 8 17.28 3 8 3 5
It can be seen from this information, too, that a larger pitch is
favorable. However, it should be noted that in practice, 1) the
tension will probably be higher, 2) the friction coefficient will be
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larger, 3) the spring setup may differ, and 4) the spring may be non-
linear. Most of these differences would result in more favorable
resisting moments. Conservatively, pitches equal to two inches and
larger would provide enough resistance to rotation.
Centrifugal forces affect the above results significantly at high
speeds. Binder [17] states that the centrifugal force acting on each
link (carrier) of a chain is equal to
Fc = mcdp0 2 / 24g (38)
where mc is the carrier mass (pounds) and g is the acceleration of
gravity (ft./s 2 ). At speeds greater than roughly 100 rpm, the
reduction of moment becomes significant, as illustrated in Table IV
(assuming a carrier mass of 0.46 pounds, a sprocket diameter of 18
inches, and a cap diameter of 1.1 inches).
Table IV: Reduction of Normal. Friction Forces by Centrifugal Action
n (rpm) (o (rad/s) - (lbf) -f (lbf) -Mr (lbf-in.)
1 0 1.05 0.012 0.0059 0.0033
50 5.24 0.29 0.15 0.083
100 10.5 1.2 0.59 0.33
150 15.7 2.6 1.3 0.74
200 20.9 4.7 2.4 1.3
500 52.4 29 15 8.3
Comparison of Facts. The two subsections above provided
analyses that established a minimum pitch, and clearance analyses
showed that carriers spaced at least 1.25 inches apart would not
interfere with one another. At this pitch, however, elimination of the
carriers from every other carrier shaft was necessary. When the
carrier shafts were spaced 1.5 inches apart, carriers could be placed
on all of them, but this was not necessary. Placing carriers on only a
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fraction of the carrier shafts had the advantages of costing less to
machine fewer carriers, allowing the feed rate to depend less on the
number of sprocket teeth and the sprocket's speed, and giving
manufacturing machinery the room it required to perform operations
on each part. If these advantages proved insufficient or
unnecessary, the carrier-free shafts could be replaced with working
mechanisms.
Unfortunately, the calculations of Table III showed that
carriers spaced less than or equal to 1.5 inches did not have the
necessary 9.2 pound inches of resisting moment that the carriers
with larger pitches provided. Pitches two inches and larger not only
provided sufficient clearance, but also had a sufficiently high radial
tension component to resist carrier rotation. No calculations
mandated a maximum pitch; consequently, industry's average pitch
of six inches was selected as a maximum.
Varying the chain's pitch between two and six inches affects
severely the system's performance. The following table compares
the effects of these pitches on each of the responses discussed in this
section and the previous one. Below, a four-inch pitch was assumed
to be the norm. The numbers represent ratios of each of property's
values; the higher the number, the better the response corresponding
to that pitch.
Table V: Comparison of Pitches
Impact
P (in.) N Ac Energy Fatigue Galling Mc
2 28 4.1 4.0 0.4 3.6 0.2
3 1 8 1.8 1.8 0.7 1.9 0.6
4 14 1.0 1.0 1.0 1.0 1.0
6 9 0.4 0.4 1.5 0.3 2.3
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The evidence above favors a low pitch. The chordal amplitude,
impact energy, and galling susceptibility decrease with the pitch, yet
the fatigue life dwindles as the pitch drops. Fatigue life, however,
drops at a slower rate than the other properties' rates of increase.
For example, while fatigue life in the two-inch pitch chain is nearly
four times lower than that of the six-inch pitch chain, the latter chain
sees roughly ten times more impact energy than the former. The
additional increases in properties other than fatigue resistance better
the overall performance of the chain as well as, if not better than,
fatigue resistance. It is believed that as long as the resistance to
carrier rotation is above a certain value and will not be compromised
through centrifugal effects, it need not be maximized.
The following table shows that the system's dynamic response
is also improved with a lower pitch:
Table VI: Comparison of Pitches for Dynamic Response
Fundamental Highest
P (in.) Frequency (Hz) rpm Frequency (Hz) rpm
2 4.8 1 0 95.6 205
3 4.0 13 78.1 260
4 3.4 15 67.6 290
6 2.8 1 9 55.2 368
It can be seen in Table VI that the range of potentially harmful
harmonics shrinks with the pitch. As noted before, larger pitches
decrease the highest natural frequency. However, they fail to keep
up with the higher frequency of chordal action that excites the
natural frequencies. Faster chordal action is realized from the
increase in sprocket teeth that accompanies lower pitches.
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The facts above demonstrate that a pitch of two inches should
be chosen in conjunction with an 18-inch, 28-tooth sprocket to
optimize performance.
4.4.2 Carrier/Shaft Design
Fortunately, many of the design changes to the carrier were
realized through assembly of the mock-up. Modifications decreased
the weight, reduced the part count and complexity, eliminated or
decreased interference with other parts, and stiffened the means by
which one half rotated. Below is a list reviewing the remaining tasks:
* Increase cam follower length.
* Determine optimal spot to place spring posts.
* Allow sufficient clearance for part and feed track.
* Produce a working re-designed carrier shaft.
* Evaluate alternative springs.
* Create specifications for CNC machining production.
Cam Follower. Figures 35 and 36 illustrate the complications
involved in creating the new cam follower. Here, the cam followers
have been upgraded from solid pieces of material to tails housing
roller bearings at their ends. The roller bearings could not be too
large; they were made from steel, and large bearings would
drastically increase both the weight and the cost of the line. In the
figures, the bearing's outer diameter equaled 0.3125 inches.
The ideal configuration for the system designed would have a
follower that traced a path similar to A in Figure 35: it would extend
to the right, then down. This follower would always interact with the
cam in such a way as to produce smooth and reliable opening and
closing. The following technique illustrates why. A straight line
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Safe Zone
Figure 35: Definitions of possible cam follower paths.
drawn from the carrier shaft center to the bearing center represents
a lever arm. Forces acting on the bearing can be broken into two
components: those perpendicular to the lever arm line, and those
that are parallel to it. Forces acting perpendicular to the lever arm
would impose a pure moment on the jaw, causing the carrier's jaws
to open. On the contrary, forces acting in the same direction as this
line will attempt to push or pull the carrier out of its seat between
sprocket teeth. Common sense dictates that the component of force
acting to rotate the carrier open should be greater than the one
pushing the carrier out. Therefore, the realm of "safe" operation, that
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A does not reach
\
Cam
Insufficient Space
for Sprocket Spacer
Figure 36: Complications involved in selecting cam follower paths A
or B.
is, smooth and reliable motion, should lie within forty-five degrees in
either direction from the line's perpendicular (Figure 35).
Shifting this line to the left as it is in paths B and C will rotate
this "safe area" farther up the bearing, making smooth and reliable
operation more difficult. For example, if a vertical surface moving
from left to right were to hit cam follower A of Figure 35, it would
result in a different effect than if it struck cam follower C of the
same figure. The resulting forces on cam follower A would rotate the
carrier jaws and a pull the carrier in toward the sprocket. Cam
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follower C, however, would be pushed out from between the
sprocket's teeth by the parallel component of force, and it is possible
that it would not open. This aspect will be discussed further in the
cam design section--it should suffice to say here that the center-to-
center line should deviate as far from left as possible.
Unfortunately, a competing factor tempers the above argument.
Figure 36 shows the carrier and its three possible cam followers in
the fully opened position. As can be seen, cam followers A or B
would have to stretch over extremely long distances to open the jaws
to their desired position. This would increase weight and production
costs, as well as decrease the esthetic value (the carriers would
appear disproportional). Disproportional carriers may induce
undesirable dynamic effects. In addition, carrier path B does not
allow sufficient space to locate a sprocket spacer.
To account for each of these factors, a compromise between B
and C was adopted. The design changes to the carrier remained
simple so as to not require excessive analyses. The cam follower was
designed to be twice the length of the jaw and half as thick,
maintaining a reasonable balance. The carrier was then moved to
the left, under the length restriction above, until the bearing reached
the cam, resulting in the follower of Figure 37.
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Figure 37: Resulting cam follower and its dimensions.
Spring Post Location. When the cam follower forced the jaws to
their fully opened position, the springs on the mock-up began to
interfere with other parts. Therefore the clearance between the
spring, spring posts, and everything else had to be maximized.
Moving the springs to the underside greatly helped this problem
since the part rack and the cap no longer brushed with the spring.
The part rack, however, could still potentially interfere with the
posts and spring, so the posts had to be located in such a way as to
maximize the distance from all possible obstacles on the carrier.
The goal was to maximize the total distance from each of the
lines drawn while remaining within the constraints of the jaw's
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geometry. In other words, the post had to lie between the jaw's
walls, below the "part interference" arc, and above both the "mating
area" and "shoulder interference" line. These five constraints trace
out a polyline made up of lines and arcs, shown in Figure 38. It was
clear, however, that the small region constrained by the "mating
area" fell far too close to the left wall. Therefore, the "mating area"
constraint was essentially considered unnecessary, and eliminated.
Part Interference
Shoulder
,Avoid Sides
,Mating Area
+
Shoulder diameter
Figure 38: Graphical calculation of optimal spring post location:
definition of constraints.
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The obvious restrictions were each of the jaw's sides, and the
main circular area where each of the carrier halves mated (identified
by the arrows labeled "avoid sides" and "mating area" on Figure 38).
Locating the pin too close to the part would result in the part's
contacting the spring when the jaws were closed. A limiting arc is
constructed by drawing the path that the closest radial point on the
pen would take (labeled "part interference"). Next, in the open
position, the pins cannot be pushed too far back toward the
engagement region, since the center of the opening spring traveled
radially inward. This would continue until the jaws were completely
open, or until something prevented the spring from continuing. In
the mock-up, the cap was this obstacle. With springs now on the
underside, the obstacle became the shoulder on the carrier shaft,
assumed to be 0.75 inches in diameter. The line labeled with the
arrow "shoulder interference" shows how the spring would appear
directly before hitting the shaft's shoulder. This line represents the
closest distance the spring can come before contacting the carrier
shaft.
With the obstacles established, it became necessary to
maximize the remaining distances, a procedure different from
maximizing the sum of the distances from each constraint, since very
large distances from one constraint may offset a near zero clearance
of another. Figure 39 shows the method used. It was assumed that
if the post was equidistant from three of the constraints and a longer
distance from the fourth, the post was located in a nearly optimal
spot. Following this logic, four circles were drawn, each tangent to
three of the four constraints. Each circle's center represented the
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Figure 39: Graphical calculation of optimal spring post location:
method employed.
point equidistant from three of the constraints. If it fell entirely
within the polyline, the distance from the fourth constraint was
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larger than the distance from the first three. Circles outside this
polyline were eliminated. The largest remaining circle's center lay
farthest from three of the constraints, and even farther from the
fourth, so this point was close to the optimal location. Two of the
circles went beyond the polyline of Figures 38 and 39; the remaining
two are shown in Figure 39. The larger of the two circles was chosen,
drawn as a solid line in Figure 39. The smallest circle and the
crosshairs represent the spring post location.
Part and track clearance. The new carrier design required
thinking about how much rotational freedom a gripped part would
have. For a ball point pen, this freedom required minimal design
changes. It was assumed that the carrier should provide clearance
for a lid in any rotation about the pen's long axis. For the pen of
Figure 1, the maximum radius of the lid was 0.33 inches. Therefore,
the carrier was designed without any interfering parts within a
radius of 0.33 inches around the part's center. This was
accomplished by extending the distance from the carrier shaft center
to the jaw center until sufficient part and feed track clearance was
reached.
Carrier shafts. After implementing the suggestions for
improvement emerging from the mock-up, design of the carrier shaft
became a simple matter of calculating appropriate clearances and
tolerances. Shoulders and keyways replaced a locating hole for
proper positioning of the carriers; reversible threads became
substitutes for permanent press fits. The cap held down the bottom
carrier jaws, and a nylon collar held down the jaws located in the
center. Finally, the shaft was hollowed out and tapped at the ends as
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a means for fastening the cable. (This technique will be discussed
further in subsection 4.4.4, Cable Design.)
Alternative springs. Figure 40 shows the other types of springs
considered for replacing the rubber bands. Analyses were conducted
on each type of spring in an attempt to supplant the rubber bands'
properties. Each spring was constrained by the following criteria: 1)
its makeup had to fit within the geometry of the carrier and/or shaft,
2) it required a spring constant stiff enough to supply two to three
pounds of force to the jaws when opened roughly sixteen degrees,
and 3) it had to be capable of opening to eighty-six degrees under
repeated cycling without yielding or fatiguing. Unfortunately,
several spreadsheet analyses failed to produce a spring of any kind
(other than rubber bands) that satisfied all the above conditions.
However, the author firmly believes that a spring, most likely a
torsion spring, would exist within these boundaries if minor
additional changes to the carriers were made. The equations and
data used in creating these spreadsheets are included in Appendix A.
The rubber bands proved to be effective under cyclic loading for
several months; to date, none of the bands have failed.
CNC Production. Each carrier was designed to be machined
from a solid block of aluminum without repositioning the part within
the machine; for this reason one side of each carrier half is detailed
in the axial direction.
103
(a) Linear Spring
(c) Torsion Spring (d) Leaf Spring
Figure 40: Alternative springs.
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(b) Elastic Band
4.4.3 Cap Design
By this stage in the design, much of the tedious geometric
analysis required to design an appropriate cap had been completed.
The pitch had been selected to prevent unwanted twisting, and the
magnitude and direction of the tension had been calculated.
Aluminum was the preferred material because of its high friction
coefficient and modulus of elasticity. Two remaining factors had to
be accounted for: 1) cap resizing to reduce wearing and friction from
the new carriers (and to reduce weight), and 2) self-centering
tapers--which would serve to correct minor misalignments within
the system--to combat chain twist and displacement.
The bottom diameter of the cap determined the amount of
surface that each half of the carrier was exposed to. It was chosen to
be 0.875 inches. This diameter covered all the stationary carrier
half's top surface (locking it axially in place) and approximately fifty
percent of the mobile carrier half. The cap's top diameter (the
section that engages the sprocket) was already determined to be
1.125 inches as specified in ACA standards.
The remaining variable to be determined was the angle the
taper made with the plane of the sprocket, . Measurements of the
Pow-R-Tow® chain described in Chapter 3 gave a starting point of
sixty-one degrees, which was analyzed against pullout due to friction,
reanalyzed at 72.6 degrees, then implemented. Below is a brief
description of the calculations involved in the pullout analysis.
As described in the Section 4.2.2, the tension of a chain
between two perpendicularly aligned sprockets can be broken down
into a radial, tangential, and axial component as it leaves or enters
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the sprocket. These forces were quantified in Equations (20) through
(22). A concern in determining the cap angle was that axial forces on
the tapered area of the cap were sufficient, under poor conditions, to
pull the cap out of the sprocket prematurely. Of course, this could be
corrected by designing the cap with a small that would act almost
like a wall against these forces. To design a generous taper that self
centers large misalignments, however, the cap's diameter change
across the taper would have to be very large. This could foster new
problems with excessive weight and smaller clearances. A proper
balance was reached through the analysis below.
The tension's components were assumed to act entirely on the
tapered surface of the cap, as shown in the views of Figure 41. If,
under conditions of excessive tension, short spans, and varying cable
weights, the resultant friction force f exceeded (or approached) N
(the maximum friction force), the cap angle was changed until a safe
limit was reached. The calculations were relatively straightforward-
-for this reason they were spared from this document. The cap angle
of sixty-one degrees never came within more than ten percent of the
maximum pullout force, i.e., a cap with this angle would not slip out
under most conditions. When a sixty-one degree taper was applied,
however, across the necessary length (calculated below), the
resulting outside diameter pushed the cap weight up too high.
A cap angle = 72.6 was chosen and analyzed (see Cap Design).
This bigger angle was necessary to keep the larger diameter of the
cap from growing so big (due to a large tapered area) that it would
interfere with the parts and add excessive weight.
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Figure 41: Free body diagram of the forces acting on the cap.
The length of the tapered area was determined by combining
safeguarding against chordal action with resistance to axial pullout
forces. First, the vertical movement from chordal action was
conservatively assumed to push the cap entirely horizontally; in
other words, misalignment due to chordal action was assumed to
equal the magnitude of the chordal amplitude itself. For a two-inch
pitch, twenty-eight tooth sprocket, the chordal amplitude equaled
0.056 inches. Second, when the sprocket center distance is
conservatively short (sixty inches), the angle 01, defined in Figure 19
and Equation (16), grows to the point where sideways misalignment
is expected. The total possible misalignment that can occur equaled
01 multiplied by the pitch. For a sixty-inch span, 01 = 5.4. For a
two-inch pitch, this misalignment would be equal to 0.19 inches.
Both the first and second values described above were added in
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quadrature to arrive at the total length of the self-centering taper--
0.20 inches.
4.4.4 Cable Design
Proper selection of the cable was crucial to the machine's
success. A number of problems could arise if the cable failed to meet
any of the following requirements: a high strength-to-weight ratio,
high stiffness-to-weight ratio, excellent creep resistance, small
minimum bend radius, resistance to abrasion and wear, and limited
corrosion resistance. Many twisted fibers fit the description above.
Below are some of the fibers worth considering, in tabular form:
Table VII: Mechanical Properties of Fibers
Polyethylene
KevlarTM 49
Carbon
Nylon-66
S-Glass
Steel
Minimum bend radii
strength and elastic
pY y S y/p E E/p
(lbm/in.3 (ksi) x 10.3 (Msi) (x 10
0.0350 377. 10.8 17.0 4.85
0.0520 464. 8.93 16.4 3.15
0.0625 450. 7.19 32.9 5.27
0.0412 139. 3.38 0.928 0.225
0.0900 667. 7.41 12.9 1.43
0.282 100. 0.354 30.0 1.06
depend principally on the fiber's tensile
modulus; higher strength fibers can be made
smaller, giving them lower moments of inertia. The product of the
elastic modulus and the moment of inertia determine the fiber's
stiffness and minimum bend radius.
Other fibers, such as alumina, boron, silicon carbide, and
polyethylene terephthalate (PETE) could also be used, but at an
increased cost. Gel-spun polyethylene fibers were best for the job,
but were also costly. Aramid fibers, specifically KevlarTM 49, were
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tried because the benefits nearly matched those of gel-spun
polyethylene at a significantly lower cost.
Aramid fibers alone, however, were insufficient since the fiber
bundles tended to fray and tangle if left exposed and were difficult
to grab. The bundles can only be effectively grabbed by tying knots
around the area of interest; failure to do so would cause the fibers to
spread out among the grabbing surface. The fibers would then either
move as if not held, or break. However, the wearing and tangling
properties of the fiber could be reduced by enclosing the fibers in a
sleeve. It was assumed that constricting the fibers into a small
enclosure, in this case a polyethylene sleeve, would allow for them to
be grabbed without spreading out.
Under this assumption, a means for attaching the encased
fibers to the carrier shafts was developed. The following constraints
had to be met: 1) the method had to maintain accurately the chain's
pitch (ACA standards [18] recommend a tolerance of 0.015 inches per
foot), 2) under tension, the cable could not create any rotational
moments that could not be completely canceled by the second cable
in the carrier shaft, and 3) the cable could not be crimped or
compressed against sharp corners. Solutions falling within these
conditions were sparse. The method used in the mock-up--crimped
modifications of wire ends--failed to hold the pitch accurately and
was difficult to implement. Attempts to wrap or tie the cable around
the carrier often created a moment, while other wrapping attempts
forced the cable to bend over sharp edges. It was decided to rely
instead on the constrictive abilities of the polyethylene sleeve, and to
grab the cable tightly using two adjustable flattened surfaces. One
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surface was a flat-tipped set screw; the other was a turned rod held
in place by the cables, as shown in Figure 42.
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Figure 42: Employed method of attaching cables to carrier shafts.
The mechanical properties of the chosen cable's core, KevlarTM
49, include high creep resistance. Although the polyethylene sleeve
encasing the aramid fibers had extremely poor creep resistance, it
was assumed that a strong gripping mechanism on the composite
cable would take advantage of the core's inherent resistance to creep.
Conversations with the cable's vendor helped to confirm these
assumptions--the potential benefits of a cable that fulfilled all the
mechanical requirements (and then some) seemed to justify risking
the investment.
As it turned out, the gripping method works in principle, but
not in this case since the fibers within the cable provided by the
vendors failed to adhere to the sleeve. In fact, the sleeve produced
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had an inner diameter much greater than the outer diameter of the
fibers. Because of these properties, the following problems arose: 1)
the fibers slipped within the sleeve due to the low friction coefficient
between polyethylene and KevlarTM and the lack of adhesion, and 2)
the fibers spread out within the spacious confines of the sleeve,
creating the gripping problems mentioned earlier. The result of
these problems was excessive creep within the cable. This occurred
because the grips failed to seize, and therefore take advantage of, the
creep resistant KevlarTM interior. It was then decided that the cost
effective way of proving the orientation and feeding concepts would
be to replace the cable with two 0.125-inch diameter 7 x 7 steel
aircraft cables. These cables were fully functional, however not
optimal.
4.4.5 Sprocket Design
The function of this sprocket was threefold: 1) to absorb
smoothly and reliably the tension within the cable chain; 2) to
accommodate successfully a certain amount of wear and/or creep,
whether it existed in the form of wear within the tooth/cap form or
in the form of pitch elongation; and 3) to position accurately the
carriers and parts within rotary automated equipment for
manufacturing.
Chain and sprocket interaction theory is extremely complex,
especially when factors such as wear and elastic deformation are
taken into account. Binder [17] provides a broad overview of these
interactions, and cites several references for more detailed analyses.
Fortunately, sprocket tooth forms for precision roller chains have
evolved to the point of having a standard for their design--ANSI
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B29--which lays out dimensions and recommended manufacturers'
practices for sprocket design and construction. A brief summary of
the tooth layout has been taken from Faulkner and Menkes' book
[15] and placed in Appendix B.
The caps of the carrier shafts measured 1.125 inches at the
point of engagement with the sprocket. These caps rested in the
gaps between the teeth in an area known as the seating curve. The
diameter of this curve was the only dimension designed differently
from the standard (besides axial constraints that don't apply to the
type of chain used here). ANSI B29 recommends that the seating
curve's diameter, Ds, be
Ds = 1.005DR + 0.003 (39)
inches, where DR is the cap (roller) diameter (in.). In the sprockets
created here,
Ds = DR + 0.003 (40)
inches, which assured a tighter fit between the cap and sprocket.
Consistent with past assumptions and the mock-up, the
sprocket diameter was initially chosen to measure approximately 18
inches in diameter and 0.25 inches thick. The mock-up's solutions
recommended using a stiffer sprocket material, so aluminum was
initially chosen. With the dimensions and materials chosen, only two
things remained to be calculated: the resulting inertia and the
maximum rotational stresses caused by this inertia.
For the prototype, the sprocket's inertia would only become an
important issue if the resulting rotational/inertial stresses
approached the yield strength of the material. Otherwise, it was
more important that the system was constructed sturdily from stiff,
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reasonably priced materials capable of holding tight tolerances. The
larger motors and bearings necessary would only enhance the
system's performance. Shigley and Mischke [19] cite the equations
for the tangential (at) and radial (r) stresses along a rotating disk.
They assume that the disk's outside radius r exceeds ten times the
thickness, that the disk's thickness remains constant, and that
stresses are constant over the thickness. The stresses are
t = pJ2(3+v 2 1+3Vr2) (41)a~t = (ro P0 - ~ (41)8 3 + v
and
ao = 8O2-3+v )(r - r), (42)8 0
where p is the sprocket density (slugs/in. 3 ), v is Poisson's ratio for
the sprocket material, and r is the radius along the sprocket (in.)
where the calculated stress is desired. For aluminum, p = 0.00303, v
= 0.334, and the maximum stress occurs at the center, r = 0. At 1000
rpm (104.7 rad/s), the maximum tangential stress equaled the
maximum radial stress. Each inflicted 93.5 psi on the rotating
system, which was practically negligible.
In contrast to the mock-up, the sprocket spacing rods no longer
had a place to be fastened (the spots between the teeth were covered
by open cam followers). This challenge was remedied graphically in
much the same way the spring posts were placed. Figure 43 shows
the drawing used; only the carrier's cam followers were required on
the drawing since the jaws did not interfere. The sprocket spacing
rod's center had to be located in such a way to maximize the distance
from the cam follower, the right edge of the sprocket tooth, and the
cable. A circle tangent to these three surfaces was drawn, and its
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center, marked on the figure with crosshairs, was chosen as the best
point to relocate the sprocket spacing rods.
/
/ /O /
Figure 43: Graphical calculation of optimal sprocket spacing rod
location.
4.4.6 Cam Design
Subsection 4.4.2 explained briefly (in its section on the cam
follower) the moment arm and the optimal "safe zone" in which the
cam should engage the follower. The zone's size varies with such
factors as the cable's tension and the spring's constant. Higher cable
tension would increase the safe zone's size; a larger component of
pushing force would be required to misalign the carrier. Higher
spring constants would shrink the zone because more force would be
necessary to open the jaws. Ideally, each follower would engage the
cam slightly higher than the center of its safe zone, then smoothly
114
shift toward the zone's center. The high end of the safe zone has
both a component of force to open the jaws and a component that
pulls the carrier into the sprocket, so engaging in this region would
produce a more reliable opening.
Figure 44 shows the path the cam follower would take if it
could open evenly as it traveled across the cam's length. Also shown
on each follower is the safe zone described above. No cam could be
constructed from this figure in such a way that each follower position
was tangent to the cam within its safe zone. Consequently, the
design had to go one of two ways: open the jaws evenly and adjust
the tension and spring constant to allow for a larger safe zone, or
sacrifice some smoothness and aim for a cam that runs tangent to
each position's safe zone. The latter produced a more reliable cam.
Adjusting the tension and spring constant is no easy task, and even if
they were easily adjustable, the safe zone's boundary must still have
a component in the opening direction. At any rate, operating on the
boundaries of safe zones is an unreliable practice. If the design
variables could be adjusted to increase the safe zone, the cam should
still be adjusted to attain the goal of running more reliably, even if
perhaps, less smoothly.
The line tangent to the far right cam follower in Figure 44
represents the end of the cam. This line allows the cam follower to
engage the cam within the safe zone. Therefore, the follower should
hit the cam's edge instead of risking an unreliable engagement with
its bottom surface. Since the cam follower hit the cam edge near the
end of the safe zone, the impact force was smaller than hitting the
zone's center. The cam designed gradually decreased this slope
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Figure 44: Ideal path of an opening cam follower.
toward the horizontal, then proceeded straight until roughly the
third position from the left was reached, as represented in Figure 45,
minus a few additional changes.
Closing the jaws proved to be even more difficult than opening
them. Figure 46 shows a series of follower positions created in the
same way as Figure 44's followers. It was again impossible to create
a cam that ran tangent to each follower position within the safe zone.
In fact, none of the closing follower positions lay in the realms of
their safe zones. The only two alternatives were to maintain the
jaws' fully open position for a time, then slam them shut by tapering
immediately off (this alternative would keep the cam within the
followers' safe zones), or run tangentially down the ideal path of
positions, holding the jaws open until the opening force is exceeded
by the other component. Since the jaws were spring loaded to
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Figure 45: Final cam design and cam follower's resulting path
(opening).
remain closed, reliability was less of an issue on this side of the cam.
In the former alternative, the bearing would roll quickly along the
cam, slamming the jaws shut. Although neither alternative was
ideal, the latter case--which was the final design for the cam's left
side--allowed the cam to close slightly before slamming shut, and the
former did not. The path of tangents is traced in Figure 46.
4.4.7 Frame Design
The non-unique parts to the system included in this section
were the motor and bearings, flanges that attached to the sprockets,
which in turn attached to the main shafts, and the frame structures
on either side.
Motor and bearings. Determining the proper requirements for
these pieces of equipment was quite straightforward since the motor
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Figure 46: Closing cam path.
required minimal precision and no feedback, and the bearings did
not require ABEC level precision. The motor's size was determined
by multiplying the maximum torque (in.-lbf) it would see by its
maximum possible speed. The design speed was 1000 rpm. The
maximum torque t (in.-lbf) was the sum of the friction torque, the
rotating members' inertial torque, and the chain's inertial torque, or
t = gTrB + Ia + 0.25mcdp2a. (43)
Above, is the bearing's friction coefficient, T is the tension (lbf), rB
is the bearing radius (in.), I is the sprocket assembly's inertia (slugs-
in. 2), a is the angular acceleration (rad/s2), and mc is the chain mass
(slugs). Running torque was caused by the bearing friction. Angular
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acceleration was based on 0 to 1000 rpm in 10 seconds. A Class II
service factor was assumed. (This factor takes into account shock
and duration of loading, and can be found in most motor
manufacturers' catalogs.). Also, the following load schedule was
assumed:
First month: 0-500 rpm, 8 h/day, 0.768 hp start, 0.02 hp run
Second month: 500 rpm, 24 h/day, 0.768 hp start, 0.02 hp run
Thereafter: 1000 rpm, 20-24 h/day, 1.40 hp start, 0.04 hp run.
The assumptions above and a fifty percent torque margin created the
need for a two horsepower motor.
The bearings were also designed using standard formulas [19].
The desired life L was one year, 24 hours per day, at 1000 rpm.
Reliability was chosen to be 0.99, and the load, i.e., tension, to be 250
lbf (500 lbf distributed over two bearings). From these figures and
the formula
L = 16667a/n (CE/T) 3 , (44)
the effective load rating CE was 3350 pounds. In the formula above,
a--a factor based on the assumed reliability--was 0.21, based on the
reliability, n was the rpm, and T was the tension (lbf). The bearing
chosen was the smallest to have a CE = 3395 pounds, and influenced
future decisions on shaft and flange sizes.
Flanges and shafts. The flanges were machined from low
carbon steel and housed the bearings using shoulders and retaining
rings. Three 1/2-13 bolts fastened the flanges to the sprockets. The
bearing dimensions and appropriate wrench clearances sized the
flanges. Each shaft was also made of low carbon steel according to
the recommendations of the bearing catalog. The bearing bores
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proved to be more than sufficient gages for shaft sizing. A series of
stepped shoulders and retaining rings held all the parts in place.
Frames. Condensed assembly drawings are included as Figures
47 and 48, in which all the qualitative details of each frame stand
out. However, in Figure 47, one area, the motor mounting technique,
was removed for visual clarity. The mount consisted of a one-inch-
thick aluminum plate containing two slots. In each slot resided a
shim bolted to the motor frame and held to the mount plate by four
screws. The plates in which the main shaft was mounted in Figure
48 were bolted via aluminum angles to a prefabricated movable
crank/leadscrew base. This base rested on top of two aluminum box
tubes with horizontal slots. Adjustment of the base within the slots
and movement of the leadscrew's nut allowed for several square feet
of travel in the horizontal plane.
Engineering drawings of all the prototype's pieces are enclosed
in Appendix C.
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Figure 47: Assembly drawing of the design's driving unit.
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Figure 48: Assembly drawing of the design's driven unit.
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CHAPTER 5: RESULTS
The cable/carrier prototype's main purpose was to evaluate
whether a chain-like apparatus can effectively accept and transport
parts through a series of manufacturing operations at rates
comparable to or higher than current manufacturing standards. As a
result, the machine exceeded expectations: it reliably took in ball
point pens from a "homemade" vibratory feeder and transported
them about the circumference of both sprockets. The feeder itself
could not supply parts quickly enough to the apparatus--the only
failed hand-offs occurred because of the feeder or feed track.
Operating speeds ranged from 5 to 90 rpm. In the prototype,
the sprockets possessed 28 teeth each; 90 rpm corresponds to a feed
rate of 2520 parts per minute--ten times the manufacturing norm--
if each carrierless sprocket is replaced with a carrier. With the
current configuration, carriers on sprockets spinning at 90 rpm were
capable of picking up 840 parts per minute, well beyond the
capabilities of a makeshift feeder. Conventional feed rates ranging
from 50 to 300 parts per minute could be obtained at speeds as
small as 10 rpm with this new device. Feeding and transporting
would no longer present a potential bottleneck.
The remaining facets of the operation performed as expected.
The cam followers opened and closed choppily, but consistently.
Chordal action, and therefore forced vibrations, were extremely
small. Low noise and smooth operation also came as benefits. The
caps centered themselves more reliably than the mock-up's caps
despite the angle change (this is because the caps centered
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themselves from both sides of the sprocket instead of one, see
Appendix C).
The system was run continuously at 82 rpm for a period of
three hours. Eighty-two revolutions per minute corresponded to a
feed rate of 769 parts per minute; consequently, no feeder was used
in conjunction with this test. The carriers engaged with the
sprockets at a rate of approximately 4610 per minute. After three
hours and no missed engagements, this corresponded to a
engagement reliability of 0.9999988, or no misses after over 830,000
engagements.
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CHAPTER 6: CONCLUSIONS AND RECOMMENDATIONS
The goal of this thesis was to improve the disposable consumer
goods manufacturing sector's competitive stance through a well
thought out investment in a manufacturing line. The four most
commonly increased parameters for such lines--yield, efficiency,
speed, and flexibility--were compared to each other using overall
cost savings as a basis; higher efficiency was found to improve best
the bottom line. From there, a manufacturing line's inefficiencies
were broken down into their components and analyzed individually
to determine inefficiency's main cause--excessive transfer points. A
single transfer point's inherent reliability may be extremely high,
but when combined with both the time necessary to remedy a failed
transfer and the thirty to fifty additional points that exist on typical
manufacturing lines, efficiency drops severely.
A solution to the problem above, described previously, employs
sprockets, carriers, and cable in a conveyor mechanism that
drastically reduces the number of transfer points. The cable and
carriers form a chain that resembles a rope ladder. The chain
operates similarly to roller chain drive, but is capable of twisting
about its direction of travel to orient its carriers (and therefore
parts) without introducing additional transfers. The sprockets serve
both to drive the system and to act as manufacturing stations, where
operations such as assembly and printing could be performed on the
parts as the carriers nest between the teeth. The line would pick up
components from injection molders or stampers and not let go until
the parts are complete and placed into packaging. An ideal system
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can reduce the number of transfer points to only two: initial pickup
and final dropoff.
To prove this concept, a prototype was designed consisting of
the chain described above and two sprockets. The carriers' jaws
were opened and closed by cams located between the sprockets, and
accepted ball point pens as the sprockets turned. This was done to
simulate some of the operations a full scale manufacturing line would
have to undergo. The following conclusions can be drawn from the
research described in this thesis:
1. The mock-up and prototype demonstrate that the concept of a
positively controlling transport mechanism is completely feasible for
both moving and orienting parts. This has been shown to work for a
system employing carriers, sprockets, and cable.
2. When employed properly, this system can effectively reduce the
number of transfer points to two per line. Previously, this number
was approximately five times the number of manufacturing
operations. Even with transfer point reliabilities as high as 0.99998,
efficiency can be increased by as much as fifty percent, depending on
the part's complexity and the current line's efficiency.
3. The first generation system designed here, when spinning at 100
rpm, can accept as many as 930 parts per minute, with the option of
increasing to 2800 parts per minute. The rates attained by this
prototype do not push this concept's limits; it is believed that a
system employing guides and other safety precautions could easily
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accept several thousand parts per minute. Feed rates this high
virtually guarantee that part transferring and orienting would never
again become a bottleneck.
4. The current system must overcome two major obstacles. At low
speeds (feed rates below 1910 parts per minute), it must avoid
excitation of the cable's harmonics through forced periodic (chordal)
action. At higher speeds, carrier misalignment from centrifugal
forces prevails; the effects of these problems and others can be
minimized however, by following the recommendations below.
Several variables--chain pitch, number of sprocket teeth, cable
tension, sprocket speed, carrier weight, sprocket center distance,
carrier spring constant, and carrier cap angle--needed to be
simultaneously weighed against one another to determine a working
system that fulfilled the guidelines described in Chapter 3. Each of
these had to be chosen carefully so as not to upset greatly the effects
of other variables. For example, a higher pitch increased the
system's fatigue life and overall clearances and decreased the highest
natural frequency, but in the process it exacerbated forcing
vibrations, jacked up impact velocities, and promoted galling. Table
VIII, which summarizes the effects of increasing each variable on
various responses of the system, can be helpful in determining
changes to be implemented on future transfer lines employing
cables.
In this table, an upwardly pointing arrow represents an
improvement in the response; a downward arrow means a decline in
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performance. Arrows in parentheses symbolize indirect changes in
performance. It should be clarified that the natural frequency
response variable is considered "better" at lower values. This may
not be the case for lines requiring low feed rates, and should be
reversed accordingly.
Table VIII: Effects of Design Variable Increases on System Resvonse
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Many changes that could greatl
performance are relatively simple to
the carrier's springs (preferably with
.y increase the system's
implement, such as replacing
a torsion spring) and
redesigning the carrier to accommodate it. This would decrease the
part count (by eliminating the dowel pins) and increase the carrier's
long term reliability. If a torsion spring does not exist within the
geometric constraints that can impose a two to three pound force on
128
-
-
-
'
I 
the part, experiments should be performed to determine if smaller
gripping forces are sufficient.
Another simple change that would decrease cost, friction, and
weight would be to investigate replacing the carrier mechanisms
with injection-molded parts. A hard plastic such as phenolic,
polycarbonate, polystyrene, or any reinforced polymer would suffice.
Polymers are less expensive per pound to purchase and form than
aluminum or other metals and allow for design detail in all three
dimensions (if necessary). Also, they have higher strength-to-weight
and stiffness-to-weight ratios than most metals.
In reforming the carriers, special attention should be given to
the cam followers and cam. The prototype forced the sprocket
spacing rods out into the sprocket teeth, allowing for a larger
maximum cam radius. As shown in subsection 4.4.6, the cam
followers can be shortened and modified on redesigned carriers to
operate more smoothly without losing reliability. (This change was
not implemented in the prototype due to the excessive time and cost
of CNC machining new carriers.)
Another worthwhile change would be to replace the current
cable with one that fulfilled all the requirements of the cable design
section. A good starting point would be KevlarTM or polyethylene
fibers pultruded with polyethylene. Pultrusion, which involves
pulling the fibers and a molten matrix material through a die, results
in a cable that would create the fiber-to-sleeve adhesion necessary
to give the same properties as before without the complications. The
means for fastening the cable to the shaft can be modified or
improved to accommodate the new cable.
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The suggestions above focus primarily on reducing weight;
however, another broad recommendation is to increase the system's
safety. Recommendations to accomplish this include enclosing the
line within a cage, installing emergency stop buttons, and
incorporating a wire within the chain that stops the sprockets if the
chain breaks. The sprockets' inertia can be reduced by replacing the
sprocket material with a stiff polymer such as reinforced polyester
or acetal and by decreasing the diameter to as small as possible
without sacrificing performance.
Installing friction-free roller guides (roller tracks or low
friction sliding tracks) along the path of the carriers could also
improve both safety and performance. If safety is a large issue, the
guides would act to restrain a broken cable within its path. Also,
installing guides would practically eliminate the need for considering
dynamic effects (if these prove to be a problem) and boost the
system's engagement reliability by at least an order of magnitude.
These tracks would guide the caps into the sprockets, through twist
orientations, and through straight-line manufacturing operations.
Other recommendations for improvement--such as the idea of a
third cable--are for the long term and involve more conceptual
planning. This cable can act to maintain the pitch accurately and
apply tension, while the other two may be axially flexible and stretch
to engage with a twisted sprocket more reliably. Perhaps this cable
could also be the safety wire discussed above.
Another large-scale effort that could reduce the number of
transfer points to only two encompasses designing a machine that
extracts the parts directly from the forming machines. To
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complement the more efficient transfer line, a more efficient buffer
that would be smaller and able to interact with the line if there were
a machine shutdown can be designed.
These recommendations would easily boost the performance of
this system to levels of efficiency and speed far beyond current
manufacturing standards. The preliminary results were encouraging
and should only improve. In conclusion, this technology shows great
promise for the manufacturing sector's future.
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APPENDIX A:
Design Considerations of Alternative Springs
Figure 40 displays the four types of springs that were studied:
linear coil, elastic band, torsion coil, and leaf plate. The elastic band
was chosen because it fit the system's requirements, and was
sufficient to prove the concept demonstrated by the prototype.
Unfortunately, insufficent time was available to research thoroughly
the inifinite number of other spring configurations available. Below
is a summary of the remaining three springs, and the formulas and
assumptions used to design them.
Linear coil. As mentioned before, a linear coil spring would
attach itself to the spring posts of each carrier half and act in much
the same way as the elastic band. The linear coil spring had to
satisfy three conditions: it had to 1) fit within the geometry of the
carrier, 2) provide two to three pounds of gripping force to the part,
and 3) not yield or fatigue when cyclically opened and closed
between zero and eighty-six degrees.
These conditions were satisfied by examining the spring
constant and spring stress at two points of rotation: closed with a
part and completely open. The spring constant k (lbf/in.) was
determined by the formula
k = d4 G / 8D3N,
where d was the wire diameter (in.), G was the shear modulus (psi),
D was the mean coil diameter (in.), and N was the number of coils.
The spring constant was multiplied by the spring's displacement to
arrive at the spring force F (lbf). When holding the part this force
had to correspond to a gripping force between two and three pounds.
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Also, this force produced a shearing stress (psi) in the coils defined
by the equation
= 8KFD /ird 3,
where
K = (4C + 2) / (4C - 3)
and
C = D /d.
The ratio C was constrained to fall between 4 and 16; beyond this
range, some of the equations above may break down. Typical C
values range from 6 to 12.
The safety factor n against fatigue was determined from the
equation
'r - 2
Sse Ssu n
where Sse, the endurance shear strength, equaled 45.0 ksi for all
springs (conservatively), the ultimate shear strength (ksi)
Ssu = 0.67A / dm,
and A and m were constants that varied with the spring's material.
Music wire, the most frequently used spring material, has constants
A = 186 ksi, m = 0.163, and G = 11.5 Msi.
The equations above were used in conjunction with the
carrier's dimensions to create a series of spreadsheets, which assisted
in outputting properties for many combinations of parameters. An
example of one the spreadsheets is shown in Table Al. In these
sheets, Fpart and Spart were the spring force and spring stress
corresponding to holding the part, and Fopen and Sopen
corresponded to the spring force and stress from being completely
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open. The parameters of most interest are Fpart, C, and n. Again,
Fpart had to range from two to three, C had to fall between four and
sixteen, and n had to be large (at least greater than one). As shown
from the sample spreadsheets (Tables Al and A2), as d decreased, n
approached one, but by the time n exceeded one, Fpart had dropped
below two pounds. Changing the outside diameter (D) and the
number of spring coils (N) did not help. Table A2 demonstrates that
the same conditions with a different D and N did not affect
significantly these results.
If a spring is found that does match these conditions, it also has
to fall within the geomtric constraint that its solid length Ls (the
spring's length when fully compressed) had to be smaller than the
distance between spring posts. This length equaled the product of
the number of coils (N) and the wire diameter (d), plus the spring
diameter (D), which represented the space required by the hooks on
each end.
In conclusion, many variable combinations were tried in an
attempt to discover a linear spring that satisfied the conditions set
by the carrier's geometry, the part's gripping force, and the spring's
strength. Unfortunately, none were found. If additional
combinations can be achieved by modifying the constraints, it is
believed that an appropriate linear spring will emerge from the
calculations.
Torsion coil. The torsion coil spring is most likely the best
candidate for replacing the elastic band. Not only does its rotary
nature accommodate a rotating carrier well, but it also can fit around
the carrier shaft (either between the carrier halves or under the
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entire carrier), minimizing complications that currently arise with
clearance.
The torsion coil spring used nearly the same constraints as the
linear coil spring: it had to fit within the carrier's geomtric
constraints, apply two to three pounds of gripping force and resist
yield and fatigue when fully opened and closed. It also had roughly
the same equations. The new equations are listed below.
k = d4 E / 10.8DN
Su = A / dm
a = 16KiFD / id 3
Ki = (4C2 - C - 1)/ [4C(C - 1)]
a ca 2
Se Su n
Above, k is the spring constant (lbf/turn), E is the elastic modulus
(psi), a is the spring's bending stress (psi), Se is the spring's
endurance strength (psi), and Su is the spring's ultimate strength
(psi). Se is typically 78.0 ksi for most springs. The remaining
variables maintain the same definitions given for linear springs.
The carrier shaft diameter constrains the spring's diameter (D)
to fall within 0.5 and 0.75 inches, and C must still remain between 4
and 16. Besides this, only Fpart and n constrained the spring. Tables
A3 and A4 show some spreadsheet results.
Once again, no spring was found that fit all the constraints. The
tables show that as d decreased, the safety factor went up but the
gripping force dropped. Any spring combination with safety factors
greater than one could not grip a part with two to three pounds of
force.
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Leaf plate. The leaf spring (part (d) of Figure 40) was the most
complex spring to design and put into practice. This spring required
a detailed and tedious analysis involving curved beam deflection and
stress theories. The equations listed below serve only to outline a
basis upon which to start calculations; these can be expanded to give
a complete analysis.
The spring is assumed to be bent in its center with a radius R
(in.) and have two legs of length L (in.) extending into slots cut into
the carrier (Figure Al). Its thickness, h (in.), assists in determining
the spring's stiffness.
R
Figure Al: Definitions of leaf spring's variables.
Due to the spring's complex shape, the spring constant must be
determined using Castigliano's theorem [19]. The deflection of the
spring can be related to the force by taking the derivative (with
respect to F) of each of the terms in the equation
Uf( M 2 +(Fsin0)2 R MFsin + CR(Fcos0) 2 )dO
2AeE 2AE AE 2AG
and intergrating. Above, M is the bending moment (lbf-in.), equal to
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M = FRsinO + FL,
A is the cross-sectional area (in.2), e, the eccentricity of the curved
portion (in.), equals
e = R- rn,
where
h
rn= 2R+h'
In 2R-h
E is the elastic modulus (psi), F is the force applied (lbf), G is the
shear modulus (psi), C is a correction factor (for rectangular cross
sections, it equals 1.50), and 0 is a dummy variable (ranging from
zero to ( - 2a)), about which the equation is integrated. The sizable
analytical result would produce an accurate relation between force
and deflection.
Determining the spring's stress is more straightforward. The
force acting on the spring as a function and a, 5, and F (the applied
force) equals
F = Focos(0.5 + a),
which results in differing stresses on the inside and outside surfaces,
ai and ao:
F(R + L)(rn - R + )
ia~i -- = h 2bhe(R--)
hF(R + L)(R+-- r)
a= h
bhe(R+2)
2
In the equations above, b is the rectangular spring's width (in.). a
and 13 are related by the equation
Lsina + Rcosa - sin(1/2) = 0.
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The resulting stresses can be plugged into the equation
2SeSu,
G(Su, + Se )
to obtain the safety factors. Se, the spring's endurance strength,
equals
Se = 945Sut°o282(bh)-0. 0 5 6 7
for steels, and Sut, the ultimate tensile strength, varies with type and
heat treatment of the steel. Typical heat treatments used on steels
for springs results in a bluish tint to the steel; this steel is commonly
referred to as spring steel, and has an ultimate strength ranging from
55 to 135 ksi, depending on the carbon content and other alloying
components.
Unfortunately, the parameters a, 3, L, F, and R, and therefore
the other parameters affected by these values, change as the spring
opens and closes. The resulting problem may be simplified best by
analytically determining the relationships between each variable as
the spring opens (and closes), and using time averages of each of the
variables. A conservative spring design would use the values of each
variable that would maximize (or minimize) each of the spring's
properties. Another simplifying assumption would keep the straight
portions straight and the curved portions curved while the spring
opens, or
aR = (constant)
over all of a. As a rule of thumb, the minimum attainable radius of
hardened low-carbon steels is approximately four times its thickness.
In summary, designing and applying a leaf plate spring is
difficult at best. The calculations typically result in accumulated
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errors (through time averaging) or excessively conservative results--
an effective design can be realized, however, by employing more
sophisticated analytical techniques. It was decided that for this
thesis, however, the calculations and effort involved in selecting a
spring that was not best suited to the carrier would not yield
sufficient reward.
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APPENDIX B:
Sprocket Tooth Layout
-r
180,
W4
P = CHAN PITCH o b
N = NUMM OF TrTH
D, - oun DuIAMT
D. uATING CURVl DMn,E = 1.005 D, + 0.003
I = 0.5025 D. * 0.00152
A= 35' .N
= -_-56
oc = 0.6 0,
M 0.6D, coo (35'+ ( N
T = 0.8 D, sin (3S. 60 -)
E - 1.3025 0. * 0.0015
CHORDAL LENGTH OF ARfC x = (2.605 D, * 0.003) Ei
= - [ 1.4 sin (17 - ) -0.3 sI"(
ob = 1.4 0,
W= 1.4Dco- - 14 D, lcoNN
360'
V 1.4 D, sin -N
-1.3025 001
H= |F -( 14 D,. !)
P 1 H' 180'S cos * Hin
APROXUATE OUTSm DAMETIm O SOCKET WHEN J is 0.3P
- p (0.6 +cot 180 )
OUTSIDE DIAMETER SPROCKET WHEN TOOTH IS POINTED
THE MINIMUM PESSURE ANGLE IS xab - = 17 - -
~TEE56RE  2
TH AVEAGf PiE SSUrf A = 26' -92
N
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APPENDIX C:
Engineering Drawings, Prototype
Drawings included: Carrier 1
Carrier 2
Carrier Shaft
Carrier Shaft 2 (dummy shaft)
Cap
Sprocket
Sprocket Spacer
Driving Main Shaft
Driven Main Shaft
Top Flange
Driving Bottom Flange
Driven Bottom Flange
Driven Mount Block
Mount Plate
Shim Block
Mount Shim
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